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Abstract: The efficiency requirements for hydraulic pumps applied in automatic transmissions in
future generations of automobiles will increase continuously. In addition, the pumps must be able
to cope with multiphase flows to a certain extent. Given this background, a balanced vane pump
(BVP), an internal gear pump (IGP) and a three-dimensional geared tumbling multi chamber (TMC)
pump are analyzed and compared by a computational fluid dynamics (CFD) approach with ANSYS
CFX and TwinMesh. Furthermore, test bench measurements are conducted to obtain experimental
data to validate the numerical results. The obtained numerical results show a reasonable agreement
with the experimental data. In the first CFD setup, the conveying characteristics of the pumps with
pure oil regarding volumetric efficiencies, cavitation onset and pressure ripple are compared. Both
the IGP and the BVP show high volumetric efficiencies and low pressure ripples whereas the TMC
shows a weaker performance regarding these objectives. In the second CFD setup, an oil-bubbly air
multiphase flow with different inlet volume fractions (IGVF) is investigated. It can be shown that free
air changes the pumping characteristics significantly by increasing pressure and mass flow ripple
and diminishing the volumetric efficiency as well as the required driving torque. The compression
ratios of the pumps appear to be an important parameter that determines how the multiphase flow is
handled regarding pressure and mass flow ripple. Overall, the BVP and the IGP show both a similar
strong performance with and without free air. In the current development state, the TMC pump
shows an inferior performance because of its lower compression ratio and therefore needs further
optimization.

Keywords: positive displacement pumps; internal gear pump; balanced vane pump; tumbling
multi-chamber pump; CFD; multiphase flow

1. Introduction

In the last few years and in the decades to come the automotive industry worldwide
faces a great transformation. Classical internal combustion engine (ICE) powertrains
are more and more replaced by hybrid or electrical powertrains for ecological reasons.
This also influences the market of transmission systems. Looking at ICE powertrains, the
market share of automatic transmission systems worldwide increased constantly for many
years until now. This is because drivers favor the comfort of an automatic transmission
over a manual one [1,2]. There are different types of automatic transmission systems.
The most important type is the classical torque converter automatic transmission (AT),
which was first invented and applied in the 1930s and 1940s in the United States. Besides
that, continuous variable transmissions (CVT) and dual clutch transmissions (DCT) became
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more and more popular in the last decades [2]. All these transmission systems have in
common that they require a hydraulic circuit to operate. To actuate clutches, brakes and
shifting elements, a pressurized hydraulic fluid is required. In addition, the systems
need to be lubricated and cooled by a certain flow rate of the automatic transmission
oil [3]. This also applies to modern compactly constructed electrical drivetrain systems,
such as the eAxle [4,5]. Because of their compactness and functional design, they require
lubrication and cooling by a hydraulic fluid. Furthermore, there are electrical powertrains
that include a two-speed automatic transmission for efficiency reasons or to achieve higher
top speeds and starting torques [5]. These systems likewise require a hydraulic oil circuit
to operate. Overall, this means that despite the ongoing transformation towards electrical
powertrains, automatic transmissions will still be present for many years and need to be
further improved and developed. Moreover, there are chances that hydraulic circuits are
applied in some electrical drivetrains in the future. Therefore, the respective hydraulic
pumps also need to be further developed and optimized, as they are essential for the
function of the systems.

The requirements, which the pumps have to fulfil, have become stricter in recent years.
On the one hand, this concerns the noise emission, as the powertrains themselves became
quieter. Thus, the acoustic characteristics of the pumps have to be improved in order to
avoid that their noise spectrum remains the only one that can be perceived. Generally, this
means that the pressure ripple caused by the pump should be as low as possible. Analog
to that a low ripple of the mass flow rate and volumetric flow rate is required. In addition,
the overall efficiency of the pumps is becoming increasingly important. As the required
power to operate the oil pump has to be branched off from the ICE, inefficient pumps can
diminish the driving range and increase fuel consumption. This also applies if a small
electric motor is used to run the pump, as the required power has to be branched off the
battery.

Besides that, pump operation in multiphase flow conditions is a requirement that is
becoming more and more important. On the one hand, this means that the pump has to
cope with high rotational speeds without being damaged by cavitation erosion. On the
other hand, the pump must function reliably when priming not only pure liquid oil but
also air bubbles or oil foam. Oil foam formation is a common phenomenon in transmission
systems despite the usage of anti-foaming agents. Additionally, the pump has to prime the
oil from a tank through a suction nozzle. In different driving situations, it happens that the
fluid level inside the tank tilts and the pump is suddenly priming big chunks or bubbles
of air. Furthermore, there is often a certain amount of dissolved air apparent in hydraulic
oils, which can outgas suddenly at pressure drops. Consequently, the pump is required
to handle high inlet gas volume fractions (IGVF) of free air of up to 40%. Of course, this
changes the operational characteristic significantly. For future transmission applications,
these requirements are expected to become even stricter. Because of that, the question arises,
if vane pumps, which are often applied in automatic transmission systems, are the most
suitable positive displacement pump (PDP) type for these systems [6]. Therefore, besides
a balanced vane pump, two other positive displacement pump types are investigated
and compared to each other in this work by using a computational fluid dynamics (CFD)
approach.

There are a few scientific contributions, which are investigating this issue and directly
compare different pump types to each other. For example, the authors in [7] theoreti-
cally and experimentally compare different pump types for application in a CVT system.
They found that roller vane pumps could be a promising and fitting solution. In [3], the in-
fluence of pump selection on the fuel economy of a DCT vehicle is investigated by the use of
analytical models. The authors found that the application of a variable displacement vane
pump instead of a gerotor pump results in a significantly better fuel economy. However,
there is no study available that compares different pump types by means of extensive
three-dimensional (3D)-CFD simulations. Generally, there are many scientific publications
focusing on various aspects of positive displacement pumps through different simulative
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and experimental approaches. One simulative way is to use one-dimensional (1D) or zero-
dimensional (0D) lumped parameter models to investigate basic operational characteristics.
Examples for such studies are [8–15]. For more complex problems, 3D-CFD simulations
are a way to gain a detailed insight into PDPs. As PDPs form rotating and deforming
fluid volumes while they operate, the mesh generation is challenging. However, a few
different ways to generate the appropriate grids were successfully applied. An overview
of them can be found in [16]. Another challenge when performing CFD simulation of
PDP are the inherent tight clearances, which determine the volumetric efficiency of the
machines. Phenomena such as vapor cavitation and outgassing of dissolved air in PDPs are
investigated in depth by CFD simulations in [17,18]. However, simulating a bubbly air–oil
multiphase flow is difficult in positive displacement pumps because of the tight clearances,
and therefore, there is a lack of such studies [19]. The authors presented their approach to
model a bubbly oil–air multiphase flow in [20] and applied it successfully to a simplified
two-dimensional (2D) case of a vane pump. In this work, this approach is transferred and
applied to 3D pump geometries and validated by experimental data. The aim of this paper
is to improve the understanding for the operational characteristic of the three different
PDPs and compare them regarding their operation with and without free air.

2. Investigated Pump Types
2.1. Balanced Vane Pump (BVP)

As already mentioned, the vane pump is often applied as hydraulic supply in automatic
transmission systems because of its high specific performance, good overall efficiency, adapt-
ability and its beneficial acoustic characteristic. Weaknesses of the vane pump are its inferior
quick start ability and a high susceptibility regarding dirt particles in the oil [6,21–24]. The inner
parts of the investigated Bosch balanced vane pump with Vdispl = 14.8 cm3/rev are shown in
Figure 1a. Twelve vanes, which move radially in and out of the rotor in slots, slide along a cam
ring and form displacement chambers for the fluid. The cam ring curve determines where the
chamber volume is increasing and decreasing, and therefore, where fluid is primed into the
chamber or pushed out. The investigated vane pump is a balanced vane pump, which means
within one rotor revolution, two suction and two delivery ports are supplied. Both strokes are
of the same height and the two delivery ports merge before the outlet. The occurring pressure
forces consequently balance each other out. Further details regarding its function can be found
in [20].

Figure 1. Inner parts of the BVP (a) and the IGP without a crescent (b).

2.2. Internal Gear Pump (IGP)

As a second pump type, an Eckerle Technologies internal gear pump without a
crescent with Vdispl = 15 cm3/rev is investigated. It features a compensation ring to
reduce the radial gap heights between the gear teeth in operation. Besides that, it has
also a mechanism to reduce the axial gap heights. Advantages of this pump type are
its high volumetric efficiency, its good quick start ability and its robustness against dirt
particles. Its lower available displacement volume Vdispl per overall installation space and
its limited adaptability, as the IGP cannot be designed in such a way that it makes two
strokes within one revolution, are two disadvantages of this pump type [6]. The inner parts
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of the investigated internal gear pump can be seen in Figure 1b. The pinion features 15 teeth
and the ring gear 16 teeth. The suction side is located where the displacement chambers
formed between the gears increase in size. The motion of the gears conveys the fluid from
the suction to the delivery side, and in the delivery side, the chambers decrease in volume
and the fluid is pushed out into the delivery port. Gaps between the tooth tips are kept very
small in this pump by the aforementioned mechanical compensation mechanism using the
pressure difference between suction and delivery side. Hence, the leakage flow through
these gaps is minimized.

2.3. Tumbling Multi-Chamber Pump (TMC)

The third pump type to be investigated is the TMC pump. This is a new gear pump
principle developed by Bosch in the last couple of years. The BVP and the IGP are both
built up by two-dimensional shapes, whereas the TMC pump features three-dimensional
shaped trochoid gears. The gears are aligned axially inside the housing. The TMC pump’s
most important internal parts are displayed in Figure 2: the rotor (a), stator (b) and the
hollow shaft (c). The hollow shaft is driven by a motor and transfers torque to the rotor via
a slanting plate. A spring ensures that the hollow shaft and the rotor are always axially
pushed against the stator to keep the existing leakage gaps coming from the manufacturing
tolerances small. This preloading, furthermore, reduces the negative effects of occurring
wear during the operation. Therefore, the pump parts can be molded from polymer
materials, which leads to a great advantage regarding the manufacturing costs in the range
of 30–50% compared to standard gear pumps at optimal annual production volumes.

Figure 2. Rotor (a), stator (b) and hollow shaft (c) of the TMC pump.

Within one hollow shaft rotation, the rotor tumbles one tooth further inside the stator.
The increasing and decreasing fluid volumes between rotor and stator push and pull fluid
through the channels in the rotor, similar to an axial piston pump. The slanting plate acts
as a valve plate and separates suction and delivery port. Further details of this pump’s
function can be found in the work of Munih et al. [16].

The advantages of this pump type are low manufacturing cost, as the pump parts
can be molded from a polymer material, high efficiency and its robustness against dirt
particles [16]. The geometry of the teeth can be optimized for different applications. For our
investigations, prototype injection molded pump parts without additional mechanical
machining out of thermoset material are used due to their availability. These parts are
from another application and were, therefore, optimized for a different medium and
pressure range but with a suitable theoretical displacement volume of Vdispl = 15.9 cm3/rev.
The rotor has eight gear teeth, the stator has seven. A sectional view through the pump
is provided in Figure 3. Orange arrows indicate the flow path from the suction to the
delivery port.
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Figure 3. Sectional view through the TMC pump.

A particular feature of the TMC pump is that due to its design, the rotor channels
are always connected to the displacement chambers forming between rotor and stator.
They present an additional fluid volume, which is not changing in size within the rotation.
Therefore, the calculated compression ratio of this pump in the current development state
is much lower compared to the two other pumps. However, it would be possible to change
that by adjusting the rotor design.

The key properties and dimensions of all three pumps are summarized in Table 1.

Table 1. Key properties and dimensions of the investigated pumps.

Balanced Vane
Pump (BVP)

Internal Gear Pump
(IGP)

Tumbling
Multi-Chamber

Pump (TMC)

Manufacturer
Robert Bosch

Automotive Steering
GmbH

Eckerle Technologies
GmbH Robert Bosch GmbH

Vdispl 14.8 cm3/rev 15.0 cm3/rev 15.9 cm3/rev
Number of

displacement
elements

12 15 7

Compression ratio 9.15 11.93 3.67
Vdispl/Vcore 0.094 0.058 0.034

External housing
dimensions (axial
length/diameter)

90 mm/120 mm 125 mm/150 mm 185 mm/125 mm

In Table 1, the specific displacement volume Vdispl/Vcore is also listed. The volume
Vcore does not mean the total needed installation space of the pump with the housing and
the shaft but only the volume enclosing the main internal parts of the pump. A higher
value means that the pump achieves a high Vdispl without using much space for the main
internal parts. It can be clearly seen that the BVP has the highest value here. This is due to
its design as a double stroke type.

3. CFD Models
3.1. Balanced Vane Pump (BVP)

The computational mesh of the BVP has a total of 7.8 million computational cells.
The rotating and deforming displacement chambers are meshed with a structured hexahe-
dral grid, which is generated with the commercial software TwinMesh. In radial direction,
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24 cells are used to resolve the displacement chambers. In axial direction, there are 90 cells,
and in circumferential direction, 1600 cells are used. The radial gaps between the vane
tips and the cam ring are assumed to be 2 µm in height. As the grid has an O-shaped
topology, all cell layers in the displacement chambers are also present in the radial gaps.
The axial gaps, forming between the housing, the vanes and the rotor have a height of 8 µm
on both sides. They are resolved by an unstructured mesh with 15 cell layers in the axial
direction. The assumptions for the different gap heights result from the manufacturing
tolerances of the pump parts and measurement data from earlier investigations. The spatial
mesh resolution for the rotor and the gaps is derived from investigations of the authors
presented in [20], where a grid convergence study on a 2D model of a BVP was performed.
However, for the investigated 3D cases, a compromise between high spatial resolution and
computational cost must be made. The details of the moving rotor mesh are displayed in
Figure 4. The mesh nodes are kept fixed on the vane and rotor contour, while they can slide
on the outer cam ring contour. Between the structured rotor mesh and the unstructured
mesh of the stator parts, interfaces provide grid connections. Similar cell aspect ratios and
cell volumes on both sides of the interfaces are especially important to achieve convergence.
In the stator parts, all walls are refined with prism layers to ensure a y+ < 30 value in the
first cell layer near the wall. This value for the dimensionless wall distance y+ is necessary
to fulfil the mesh requirements of the wall function of the employed turbulence models in
ANSYS CFX. The complete model with the corresponding boundary conditions (BC) can
be seen in Figure 5a.

Figure 4. Mesh of the displacement chambers (a) and details of the radial gap mesh (b) of the BVP.

Figure 5. Full CFD model with BCs (a) and meshing details of the axial gaps and grooves (b) of
the BVP.

Although a double stroke balanced vane pump is investigated, both suction and
delivery ports are merging in the pumps housing, so there is just one inlet and one outlet.
Further meshing details of the axial gap mesh and the different grooves and notches can
be seen in Figure 5b. It is especially important to resolve the grooves with a high spatial
resolution, as very high pressure gradients and velocities occur at these locations.

3.2. Internal Gear Pump (IGP)

The computational mesh of the internal gear pump has a total of 8.2 million cells.
In the structured mesh of the displacement chambers forming between the gears of pinion
and gear ring, which is generated by TwinMesh, the grid nodes are kept fixed both on the
contours of the gear ring and the pinion. As the pinion and gear ring are both rotating with
different rotation rates, the mesh is divided into two separate parts, which are connected
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by an interface. The mesh nodes can slide on the interface, which is displayed in Figure 6a.
Both mesh parts have 20 cells in radial direction. In axial direction, there are 50 cell layers.
Circumferentially, there are about 2000 nodes on the pinion and gear ring. The topology of
the two meshes is also O-shaped. The radial gaps are assumed to have a height of 5 µm,
and the mesh in the gap region is displayed in Figure 6b.

Figure 6. Mesh of the displacement chambers (a) and meshing details of the radial gaps (b) of the IGP.

Besides the radial gaps, there are also axial gaps between the housing and the gears,
which have to be considered in the CFD simulation. They are assumed to be 5 µm in height
and resolved with 18 cell layers in axial direction. The meshing of the stator parts is done
with an unstructured grid with prism layers on the walls. The complete CFD model of the
IGP with the respective boundary conditions is displayed in Figure 7a. Figure 7b shows the
structured mesh of the axial gap and the unstructured mesh of the delivery port stator part.

Figure 7. Full CFD model with BCs (a) and meshing details of the axial gap and the delivery port
groove (b) of the IGP.

3.3. Tumbling Multi-Chamber Pump (TMC)

The computational mesh of the TMC pump has a total cell count of 9.6 million cells.
As mentioned in Section 2, the hollow shaft transfers torque to the rotor by a slanting
plate. This means that the respective meshes for the fluid volume in the rotor and in the
hollow shaft have different motion functions. The mesh of the displacement chambers
forming between rotor and stator is generated by TwinMesh. In the gaps between the
teeth, which are assumed to be 10 µm in height, 23 cell layers are used in θ-direction.
In r-direction, there are 60 cell layers, while in ϕ-direction, there are 1500 elements over the
total circumference. These meshing details are displayed in Figure 8.
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Figure 8. Mesh of the displacement chambers (a) and meshing details of the gap between the gear
teeth (b) of the TMC pump.

Besides this apparent leakage path through the gaps between the teeth, there are
other leakage paths from the delivery to the suction side, which have to be considered
and incorporated in the model in order to get a correct estimation of the volumetric
efficiency of the pump. The two spherical gaps, which are formed between stator and rotor,
as the rotor slides in the stator, are assumed be 10 µm (inner spherical gap) and 20 µm
(outer spherical gap) in height. They are displayed in Figure 9a. Both are resolved with
15 cell layers in r-direction. Between the rotor and the slanting plate of the hollow shaft,
there is a gap, which is estimated to be 10 µm in height, and it is also resolved by 15 cells.
The unstructured mesh of this rotor–shaft gap is displayed in Figure 9b. Finally, there is a
gap between the hollow shaft and its journal bearing (see Figure 3), which is assumed to be
20 µm in height. High-pressure oil from the delivery port can flow back into the suction
port through this gap. Therefore, it is incorporated in the CFD model of the TMC pump by
resolving it with 15 cell layers in radial direction. The rotor channels and the hollow shaft
are resolved with unstructured meshes. These can be seen in Figures 9b and 10b.

Figure 9. Meshing details of the inner and outer spherical gap (a) and of the rotor–shaft gap as well
as of the rotor channels (b) of the TMC pump.

Figure 10. Full CFD model with BCs (a) and meshing details of the fluid volumes in the hollow shaft
(b) of the TMC pump.

All these tight gaps contribute to a higher total cell count of the TMC pump CFD
model compared to the two other pumps. In Figure 10a, the complete CFD model with
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its boundary conditions and, in Figure 10b, the mesh of the fluid volume in the hollow
shaft are displayed. It is clearly visible how delivery and suction ports are separated from
each other by the hollow shaft geometry. At the interface to the rotor–shaft gap, the mesh
needs to be especially fine in order to avoid high differences in cell volume and high aspect
ratios at the interface. The suction port and the delivery port are resolved by unstructured
meshes.

3.4. General CFD Setup and Boundary Conditions

For the numerical investigations, ANSYS CFX is used as CFD solver. To investigate
all mentioned multiphase phenomena in one single setup is quite difficult, because a
three-phase approach would be necessary. This would lead to further numerical difficulties
and convergence issues. Therefore, it is decided to investigate the multiphase phenomena
separately in two independent numerical setups. On the one hand, setup 1 incorporates
cavitation phenomena by employing a homogeneous Euler–Euler two phase flow setting
with a continuous liquid oil and a continuous oil vapor phase. The mass transfer between
the two phases is modelled by the Rayleigh–Plesset Cavitation model. Setup 2 incorporates
an inhomogeneous Euler–Euler multiphase flow regime with continuous liquid oil and
disperse bubbles of free air. No mass transfer between the phases is considered. Both setups
are explained in more details in [20]. Additionally, further investigations concerning model
parameters are discussed in that article. The most important details of both numerical
setups are listed in Table 2.

Table 2. Overview of the two CFD setups for multiphase flow simulations.

Setup 1 (Cavitation) Setup 2 (IGVF of Free Air)

Simulation method RANS, unsteady RANS, unsteady
Euler–Euler

approach homogeneous inhomogeneous

Phases Liquid oil Oil vapor Liquid oil Air (ideal gas)
Phase morphology Continuous Continuous Continuous Dispersed

Turbulence model k-ω SST k-ω SST Dispersed Phase
Zero Equation

Interphase transfer - Particle Model, 0.1 mm mean bubble diameter
Mass transfer Rayleigh–Plesset, 2 µm mean bubble diameter -

Momentum transfer - Schiller Naumann
Heat transfer - Ranz Marshall

Turbulence transfer - SATO Enhanced Eddy Viscosity
Buoyancy - Density difference

To spatially discretize the deforming and rotating displacement chambers of these
three positive displacement pumps, a moving mesh approach is selected. As already
mentioned, the commercial software TwinMesh is used for the grid generation. TwinMesh
generates structured hexahedral meshes with a high cell quality, which is especially im-
portant for multiphase flow simulations [25]. The meshes are generated in advance for
a certain angle step size and are then loaded into the ANSYS CFX solver by a Junction
Box routine at the beginning of each time step. For most simulations, an angle step size of
0.5◦ is sufficient. For the simulations with an IGVF > 0, a smaller angle step size of 0.25◦

is required to obtain convergence. For the investigated rotational speeds from 500–6000
rpm, this leads to a time step size range from 1.61·10−5 s to 8.33·10−5 s. This ensures mean
Courant numbers C < 5 at all investigated operating points for the three CFD models.
As operating fluid, a typical transmission oil is used. The fluid properties of the oil are
listed in Table 3.
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Table 3. Fluid properties of the automatic transmission oil at 20 ◦C and 1 bar.

Density (kg/m3) 843
Dynamic Viscosity (Pa·s) 0.07485

Liquid Bulk Modulus (Pa) 1.5·109

Surface Tension Oil–Air (N/m) 2.5·10−2

Vapor Pressure (Pa) 30
Specific Heat Capacity (J/(kg·K)) 1781
Thermal Conductivity (W/(m·K)) 0.142

At the inlet of the fluid domain in the suction ports, a pressure BC of 1 bar is set.
In addition, the IGVF is applied there when setup 2 is used. At the outlet in the delivery
port, another pressure BC with the investigated pressure load is used as well as a zero
gradient BC for the volume fractions of the different phases.

To investigate and compare the pressure ripple in the delivery port of the pumps,
a further tubular extension of the computational domain starting at the delivery port outlet
of the pumps including an orifice is added. This can be seen in Figure 11. The tubular
extension is identical for all three pumps and represents the setup at the test bench, where
the experimental data are obtained. The new outlet pressure boundary condition for
these cases is set to 1 bar, as the pressure drop over the orifice serves as the pressure
load. The intention of this long tubular extension is to minimize the influence of the outlet
boundary condition on the pressure ripple induced by the pumps that are monitored at the
indicated point. The orifice diameter is adjusted until the time averaged pressure at the
monitor point equals the desired pressure load.

Figure 11. Tubular extension of the computational domain at the delivery port to investigate the
outlet pressure ripple of the pumps in the CFD simulations.

Furthermore, the rotational speed of the rotor is set as a boundary condition for the
Junction Box routine that loads the grids into the solver, and all simulations are performed
at an inlet oil temperature of 20 ◦C.

It is important to mention that in all simulations conducted with setup 2 (IGVF of
free air), all incorporated clearances in the CFD models for the three pumps have to be
artificially enlarged to 30 µm height in order to obtain convergence. The multiphase flow
setup 2 does not converge for smaller clearances. However, for setup 1 (cavitation) the
original clearance height dimensions, which were mentioned before, are used for the
CFD simulations.

4. Test Bench Measurements

In order to validate the numerical results, measurements are conducted. The respec-
tive test bench setup is schematically shown in Figure 12. High-frequency pressure and
temperature sensors are placed in the suction and delivery port. Furthermore, the vol-
umetric flow rate is measured on the delivery side. On the suction side, air is injected
into the oil by a compressor. The IGVF of free air αair is determined in the suction area
by a Flucon Concentration Gas System (CGS) Inline Aeration Meter, which derives the
IGVF from measuring the complex fluid impedance of the mixture and comparing it to the
complex fluid impedance of the pure liquid oil.
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Figure 12. Hydraulic scheme of the test bench.

Furthermore, the required driving torque and the respective power demand of the
motor are measured. Measurement data are obtained at 30 operating points with no air
injection and at 27 operating points with 5–20% IGVF of free air. The pressure load is varied
between 5 bar and 22.5 bar, and the rotational speed ranges from 500 rpm up to 6000 rpm.
The inlet oil temperature is held constant at a value of 20 ◦C.

For validation purposes, an additional measurement campaign is performed with the
BVP, where the displacement chamber pressure is recorded during the pump rotation by a
high frequency pressure sensor, which is glued into the rotor. The experimental setup is
analog to the work of Suzuki et al. [26] and Hieronymus et al. [27]. The pressure transducer
in the rotor can be seen in Figure 13.

Figure 13. Pressure transducer glued into the rotor of the BVP to record the instantaneous pressure
profile in a displacement chamber.

The measured pressure data are transferred to the data acquisition system by wires
leading through the driving shaft and a slip ring. With this setup, measurements up to
3000 rpm and 22.5 bar pressure load can be performed.

5. Results
5.1. Setup Cavitation (IGVF = 0)

At first, the results obtained with the setup 1 (cavitation, see Table 2) are investigated.
In Figure 14, the conveying characteristics and the equivalent volumetric efficiencies of
the three pumps are compared. The volumetric efficiencies are calculated as stated in
Equation (1).

ηvol =
Qactual
Qtheo

=
Qtheo − Qleakage

Qtheo
with Qtheo = Vdispl ·n (1)
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Figure 14. Comparison of the CFD data for the conveying characteristics (a) and the volumetric efficiencies (b) at 22.5 bar
pressure load and 20 ◦C oil temperature.

In Figure 14a, it is visible that for the TMC pump, cavitation starts at about 3500 rpm.
The maximum volumetric flow rate is restricted to a value of slightly below 60 L/min.
At 4000 rpm, the BVP is the second pump to reach the cavitation onset, and at 5000 rpm, the
IGP is the last one, reaching a volumetric flow rate of approximately 80 L/min. This can be
explained by the different suction port geometries and filling strategies of the displacement
chambers in the pumps. In the TMC pump, the flow has to perform a 180◦ turn in the stator
suction port area in order to reach the channels in the rotor where the oil is sucked into the
displacement chambers (see Figure 3). This leads to high velocities and a high pressure
drop resulting in an early cavitation onset. This could be improved by designing a new
suction port geometry with a radial inlet. The BVP has two suction ports where the fluid is
fed into the displacement chambers, as it is of two-stroke type. Furthermore, the chambers
are fed both axially and radially, which leads to higher flow cross section area, less pressure
loss and, hence, a delayed cavitation onset. The IGP, however, has the highest flow cross
section area in the suction port. Although it is of one-stroke type and only axially fed,
the suction port is laid out with ample flow cross section area and small pressure losses.
Therefore, the cavitation onset is further delayed to higher rotational speeds.

Additionally, it can be seen in Figure 14a that the three pumps show a slightly different
gradient dQactual

dN for rotational speeds before the cavitation onset. As dQactual
dN ≈ Vdisp, the

TMC pump has a slightly higher gradient and the BVP a slightly lower one with the gradient
of the IGP staying between those two. This corresponds to the theoretical displacement
volumes Vdisp of the pumps, which are listed in Table 1.

The volumetric efficiencies of the three pumps are in a quite similar range between
1000 and 3500 rpm, which can be obtained from Figure 14b. At lower rotational speeds
the BVP seems to feature slightly higher volumetric efficiencies than the IGP and the
TMC pump.

To validate the CFD model of the three investigated pumps, in Figure 15, Figure 16,
Figure 17, the volumetric efficiencies obtained from the CFD simulations are compared
with the experimental data.

Figure 15. Volumetric efficiencies obtained from the CFD simulations and from the experiment for
the IGP at 22.5 bar pressure load and 20 ◦C oil temperature.
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Figure 16. Volumetric efficiencies obtained from the CFD simulations and from the experiment for
the BVP at 22.5 bar pressure load and 20 ◦C oil temperature.

Figure 17. Volumetric efficiencies obtained from the CFD simulation and from the experiment for the
TMC pump at 15 bar pressure load and 20 ◦C oil temperature.

As it can be observed from Figures 15 and 16, the CFD data show a good fit to the
experimental data for the BVP and the IGP. By iteratively calibrating, the applied Rayleigh–
Plesset cavitation model constants to Fvap = 90 and Fcond = 0.01, the cavitation onset
is also captured quite well. However, the drop of the volumetric efficiency due to the
onset of cavitation with increasing rotational speed is underestimated for all three pump
types. This is probably because of the limitations of the Rayleigh–Plesset cavitation model.
It only incorporates vapor cavitation, while in reality, we can expect vapor cavitation
as well as outgassing of dissolved air from the oil limiting the suction capability of the
pumps. The usage of a more sophisticated cavitation model could be a way to enhance
this prediction.

For the case of the TMC pump, it can be clearly seen in Figure 17 that the CFD
prediction for the volumetric efficiency does not fit as well to the experimental data, as it
does for the BVP and the IGP. The volumetric efficiency is considerably overpredicted in the
CFD simulations. As the volumetric efficiency is governed by the internal leakages, most
possibly a difference between the clearance heights assumed in the CFD model and the real
clearance heights are responsible for this deviation. Besides the deviation in absolute value
of the volumetric efficiency, the qualitative characteristic while increasing the rotational
speed is captured quite well. This indicates that the CFD model itself is valid, but the
assumptions for the gap heights need to be improved. However, it is quite difficult to
determine the actual gap heights during pump operation. Furthermore, the gap height is
kept constant in the CFD simulation. In reality, the rotor–stator system with the spring can
dynamically move axially depending on the pressure distributions and the spring stiffness.
This effect, which then enlarges the gap heights significantly, is not incorporated in the
CFD simulations and could be a further reason for the deviation, which especially becomes
higher at rotational speeds above 3500 rpm, when cavitation starts. Additionally, the limits
of the employed cavitation model contribute to the higher deviations here.

Considering the experimental data, the TMC pump shows lower volumetric efficien-
cies than the BVP and the IGP, which are both on a similar, higher level. Apparently, the gap
heights in the TMC pump are larger than assumed. One possibility to improve this would
be to use a spring with a higher stiffness (see Figure 3). The force pushing the rotor
against the stator would increase and the leakages would decrease. However, this would
presumably also lead to an increased required driving torque and wear.
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Besides the volumetric efficiency and the conveying characteristic, the instantaneous
pressure profile inside a displacement chamber within one shaft rotation is quite distinctive
for a pump’s operational characteristic. In Figure 18, the pressure profiles gained by the
CFD simulations for all three pumps are compared to each other at two different operating
points. It has to be noted that for the BVP and the IGP, the shaft rotation angle equals the
rotor rotation angle. For the TMC pump, because of the slanting plate, this is not the case.
Within one shaft rotation of 360◦ the rotor undergoes a rotation of 51.42◦ around the tilted
axis. However, to compare the pumps, in the following, all instantaneous displacement
chamber profiles are plotted over the shaft rotation angle.

Figure 18. Comparison of the CFD data for the displacement chamber pressure profiles at p2 = 22.5
bar pressure load and 20 ◦C oil temperature for 1000 rpm (a) and 3000 rpm (b).

The first obvious difference between all three pumps is that the BVP undergoes two
delivery pressure plateaus within one shaft revolution. Furthermore, it is obvious that
the pressure surge, when the displacement chamber connects to the delivery port, has the
highest values for the BVP. Increasing the rotational speed increases the pressure surge
height further. For the IGP, a pressure surge occurring when the displacement chamber
disconnects from the delivery port seems to be especially distinctive, while both other
pumps do not really show a pressure surge at that point. This can be quite well observed
in Figure 18b and is due to the fact that the displacement chambers are still decreasing in
volume when they disconnect from the pressure port. Furthermore, the pressure ripple
while the displacement chamber is connected to the delivery port shows the highest
amplitudes for the TMC pump in Figure 18b.

To validate the CFD model, test bench measurements are conducted with a pressure
transducer placed in the rotor wall of the BVP, recording the instantaneous pressure profile
(see Section 4). In Figure 19, both CFD and experimental data are compared at two different
operating points.

Figure 19. Displacement chamber pressure profiles of the BVP at p2 = 22.5 bar pressure load and 20
◦C oil temperature for 500 rpm (a) and 2000 rpm (b).

It is clearly visible that the CFD simulations overpredict the pressure surge appearing
when the displacement chamber connects to the delivery port. This is, on the one hand,
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due to numerical reasons and a high sensitivity regarding the meshing of the radial gap
area and has also been observed by the authors in [27] for CFD simulations with the solver
STAR-CCM+. On the other hand, in the CFD simulations, the radial gap height is kept
constant. In reality, the vanes can radially recede when the force balance is disturbed,
and therefore, the pressure surge may be damped, while the vanes slide a bit back into the
rotor. Because of these reasons, it is quite challenging to accurately predict this pressure
surge in the simulations. Apart from that pressure surge, the pressure profiles obtained
numerically fit quite well to the experimental data. In Figure 19a, it can be seen that
especially the two minor pressure drops at 181 and 211◦ on the delivery port plateau are
very well captured. Those pressure drops result from the two following displacement
chambers connecting to the delivery port [27]. The thereby occurring pressure surges are
also visible in the observed displacement chamber, as the pressure waves travel through
radial and axial gaps between displacement chambers.

As the noise emission of pumps is an important aspect, in the following, the pressure
ripple at the delivery port is analyzed, as it is described in Section 3.4. In Figure 20, the 30◦

periodicity in the pressure signal of the BVP can be easily related to the 12 vanes. In the
signal of the IGP, a 24◦ periodicity can be obtained, which here relates to the 15 teeth of the
pinion. For the TMC pump, the seven gear teeth in the stator lead to a periodicity of 51.42◦

in the time signal of the pressure ripple.

Figure 20. Comparison of the CFD data for the delivery port pressure ripple at 22.5 bar pressure
load, 20 ◦C oil temperature and 2000 rpm.

From the CFD simulations for this operating point follows the conclusion that the
pressure ripple of the TMC pump seems to be significantly higher in amplitude compared to
the BVP and the IGP. However, when comparing the pressure ripple obtained from the CFD
simulations to the test bench measurement for the BVP in a FFT analysis frequency wise,
Figure 21 shows a deviation of both curves over the whole frequency range. Although the
first few blade passing frequencies are correctly captured, the pressure ripple amplitudes
are underpredicted by the CFD simulation. This shortcoming may be due to the negligence
of the dynamic vane movement of the BVP in the simulation model.

Figure 21. Delivery port pressure ripple FFT analysis obtained from the CFD simulations and the
experiment for the BVP at p2 = 22.5 bar pressure load, 20 ◦C oil temperature and 2000 rpm.

For both the IGP and the TMC pump, the deviation between CFD data and experi-
mentally obtained data is smaller than for the BVP, which can be seen in Figures 22 and
23. Both the blade passing frequencies and the amplitudes of the pressure ripple are
reasonably captured in the low- and mid-frequency range. At higher frequencies, however,
an increasing deviation can be observed for all pumps. Fluid structure interactions as well
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as additional vibrations in the test bench setup emerging from the driving engine and
being transferred through the hydraulic circuit into the fluid, which are not incorporated
in the CFD simulations, could be a reason for this.

Figure 22. Delivery port pressure ripple FFT analysis obtained from the CFD simulations and the
experiment for the IGP at p2 = 22.5 bar pressure load, 20 ◦C oil temperature and 2000 rpm.

Figure 23. Delivery port pressure ripple FFT analysis obtained from the CFD simulations and the
experiment for the TMC at p2 = 22.5 bar pressure load, 20 ◦C oil temperature and 2000 rpm.

5.2. Setup Free Air (IGVF > 0)

When positive displacement pumps convey a multiphase flow with a nearly incom-
pressible phase of oil and a strongly compressible phase of air, the volumetric efficiency
decreases to a value below ηvol < 1 − IGVF as the IGVF of air increases. The CFD setup 2
(IGVF of free air, see Table 2) is capable of predicting this drop for all three investigated
pumps. The respective curves are displayed in Figure 24.

Figure 24. Volumetric efficiencies obtained from the CFD simulations at p2 = 5 bar pressure load,
20 ◦C oil temperature and 2000 rpm while increasing the IGVF.

Besides the volumetric efficiency, the displacement chamber pressure profiles also
change significantly when an IGVF > 0 is introduced. This was observed by the authors
in [20] for a simplified 2D model of a BVP. In Figure 25, the influence of increasing the
IGVF on the pressure profiles is shown for the BVP. With increasing IGVF, two effects
occur. On the one hand, the pressure rise is delayed to higher shaft rotation angles with
an increasing IGVF. The displacement chambers need more volume decline to achieve a
pressure rise in the highly compressible mixture of oil and air than they need in pure oil.
For the BVP, the pressure rise is delayed by 24.75◦ when the IGVF is at 10% compared to
the pure oil with an IGVF = 0.
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Figure 25. Displacement chamber pressure profiles for the BVP obtained from the CFD simulations at p2 = 5 bar pressure
load, 20 ◦C oil temperature, 2000 rpm and different IGVF.

On the other hand, the pressure ripple while the displacement chamber is connected
to the delivery port also increases with increasing IGVF. The increase in the amplitudes of
the pressure ripple while the chamber is connected to the delivery port is especially strong
in the BVP, as it can be seen in Figure 25 when comparing it to the other two pumps in
Figures 26 and 27.

Figure 26. Displacement chamber pressure profiles for the IGP obtained from the CFD simulations at
p2 = 5 bar pressure load, 20 ◦C oil temperature, 2000 rpm and different IGVF.

Figure 27. Displacement chamber pressure profiles for the TMC pump obtained from the CFD
simulations at p2 = 5 bar pressure load, 20 ◦C oil temperature, 2000 rpm and different IGVF.
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The height of the pressure surge, when the displacement chamber is connected to the
delivery port seems not to be much affected by introducing an IGVF. In the 2D investiga-
tions of the authors in [20], increasing the IGVF damped this pressure surge significantly.
However, due to the missing third dimension, in the 2D case, this pressure surge is much
higher, reaching values of p

p2
≈ 16 with pure oil. In the currently investigated 3D case of

the BVP, this pressure surge is due to the grooves that are generally much smaller with
values of p

p2
< 3. Because of that, an increase in the IGVF does not lead to a significant

reduction in this first pressure surge.
Looking at the pressure profiles for the IGP in Figure 26, an increase in the IGVF does

not decrease the height of the pressure surge when the displacement chamber connects to
the delivery port but even increases it. With pure oil, this pressure surge in the IGP is lower
than in the BVP, which means that the pump has a superior design with optimized control
times at this operating point. A high pressure surge is, therefore, prevented with pure
oil. The increased compressibility with free air, however, leads because of the specific and
optimized control times and the compression ratio to a higher pressure difference when the
displacement chamber connects to the delivery port. Thus, the pressure surge is intensified
with an increasing IGVF. Contrary to that effect, the appearing pressure surge when the
delivery port is disconnected is reduced with an increasing IGVF. Analog to the BVP, the
pressure ripple while the displacement chamber is connected to the delivery port increases
while increasing the IGVF. However, the amplitudes of the pressure ripple on the delivery
port plateau are much smaller in the IGP compared to the BVP. The delay of the pressure
rise with increasing IGVF can likewise be observed in the IGP. The pressure rise is delayed
by 15◦ when the IGVF is at 10% compared to the pure oil with an IGVF = 0.

For the TMC pump, the same tendencies can be observed in Figure 27. The first
pressure surge is intensified by increasing the IGVF up to 10%, but then declines when
the IGVF is further increased to 20 and 40%. In addition, this first pressure surge reaches
values of p

p2
> 2 for 5 and 10% IGVF, which is higher than at both other pumps.

The same trend as in the other pumps applies to the amplitudes of the pressure ripple
on the delivery port plateau. However, after intensifying the amplitudes of the pressure
ripple up to an IGVF of 10%, a further increase up to 20% seams to lead to a decline analog
to the pressure surge. At 40% IGVF, however, an intensification can be seen in Figure 27
quite well again, and the pressure ripple amplitudes are the highest.

The delay of the pressure rise when an IGVF of 10% is applied compared to 0% is
only 8.4◦ for the TMC pump. This appears to be due to the lower compression ratio of the
displacement chambers compared to the other pumps (see Table 1). The rotor channels,
which are always connected to the displacement chambers forming between stator and
rotor gear teeth, are an additional volume, which decreases the effective compression ratio.
Therefore, the delay of the pressure rise with an IGVF of 10% is significantly smaller for the
TMC pump than for the other pumps.

To validate the second CFD setup, experimental data for the displacement chamber
pressure in the BVP are compared with data obtained from CFD simulations. Both profiles
are plotted in Figure 28a,b for two different operating points. Due to limitations of the test
bench measurement, it is not possible to record the displacement chamber pressure profile
for an IGVF > 5%.
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Figure 28. Displacement chamber pressure profiles for the BVP at 20 ◦C oil temperature, 2000 rpm, IGVF = 5% for (a) p2 = 5
bar and (b) p2 = 10 bar pressure load.

Both analyzed operating points show a reasonable fit of the CFD data to the experi-
mentally obtained pressure profiles. The CFD data, however, show an earlier and slower
pressure rise than in the experiment. This seems to be because the radial and axial gaps of
the CFD model have to be enlarged to 30 µm for the simulations with an IGVF > 0 in order
to obtain convergence. The real dimensions of the axial and radial gaps, which are used for
the simulations with the CFD setup cavitation, are one order of magnitude smaller, as it is
described in Section 3. Because of these artificially enlarged gaps, leakages through them
are higher, and therefore, the pressure rise begins earlier and has a lower gradient as well
as the pressure drop after the chamber disconnects from the delivery port begins earlier
and is smoother.

The increased pressure ripple on the delivery port plateau is quite well captured
by the CFD simulations, although it is a bit overpredicted. However, there are many
assumptions in the multiphase flow modelling setup used in this work. This also applies
to the experimental test setup. Although a precise measurement of the IGVF of air is
possible by the CGS system, as described in Section 4, no information regarding the phase
morphology of the disperse air phase is available. For the CFD simulations, however, a
mean air bubble diameter of 0.1 mm is assumed. Bearing in mind those limitations of
the numerical as well as of the experimental analysis, it can be stated that the fit of the
displacement chamber pressure profile for the BVP is quite reasonable.

Another finding of the authors in [20] is that with an increasing IGVF, the required
power demand of the 2D pump decreases. As it could be seen in this chapter, the increasing
compressibility of the mixture with increasing IGVF leads to a significant delay of the pressure
rise in the displacement chamber. The time fraction, when delivery pressure is present in
the chamber within one rotation, therefore, is reduced (see Figure 25, Figure 26, Figure 27).
This leads subsequently to a reduction in the mean required driving torque. This phenomenon
is observed for all three investigated pumps. The required time-averaged driving torque M
for an IGVF > 0 is compared to the required driving torque for pure oil M0 and displayed in
Figure 29. Besides the CFD results, data from the test bench measurements are also displayed.
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Figure 29. Required driving torques while increasing the IGVF at p2 = 5 bar pressure load, 20 ◦C oil temperature and 2000
rpm for the (a) IGP, (b) BVP and (c) TMC pump.

The numerical results fit quite well to the experimental data for the BVP as well as for
the TMC pump. For the IGP, the deviation is a bit higher, but the CFD simulations correctly
predict the tendency of the driving torque drop, which can be seen in the experimental
data.

Besides the ripple in the displacement chamber pressure profile, the mass flow ripple
at the delivery port outlet is another important aspect when analyzing multiphase flow
pumping characteristics of a pump.

By increasing the IGVF, analog to the amplitude increase in the pressure ripple in
the displacement chambers, the mass flow ripple at the delivery port outlet also increases.
This can be observed in Figures 30 and 31 for the BVP and the IGP, respectively. It seems
that the increase in the mass flow ripple amplitudes in the BVP is a bit higher than it is in
the IGP. This could be due to the difference in compression ratio. The BVP has a slightly
lower compression ratio than the IGP (see Table 1). Of course, the time-averaged mass flow
decreases when the IGVF rises. This is due to the falling mixture density of the fluid.

Figure 30. Outlet mass flow ripple CFD data for the BVP at p2 = 5 bar pressure load, 20 ◦C oil
temperature and 2000 rpm at different IGVF.

Figure 31. Outlet mass flow ripple CFD data for the IGP at p2 = 5 bar pressure load, 20 ◦C oil
temperature and 2000 rpm at different IGVF.

Compared to both other pump types, the outlet mass flow ripple increase when the IGVF
is raised is significantly stronger in the TMC pump. This can be clearly seen in Figure 32. At
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10% IGVF, there are shaft rotation angles where the mass flow is nearly at a value of zero.
A further increase in the IGVF > 10% then leads to the occurrence of intermittent backflow
of the oil–air mixture. An explanation for this phenomenon could be again the much lower
compression ratio of the TMC pump compared to the IGP and the BVP. Because of that lower
compression ratio, the mixture in the displacement chamber does not reach as high pressure
levels before the chamber is connected to the delivery port and subsequently impinged with
the delivery port pressure, as it does in both other pumps with higher compression ratios.
Therefore, the pressure differences at that point in time are much higher in the TMC pump.
This could also be observed in Figure 25, Figure 26, Figure 27 where the TMC pump showed
the highest pressure surges with IGVF > 0 when the displacement chamber connects to the
delivery port. Subsequently, a stronger backflow of the mixture from the delivery port into
the displacement chamber while the fluid is pushed out can be expected. This results in a
higher mass flow and pressure ripple. In the BVP and the IGP, the higher compression ratios
lead to lower pressure differences when the displacement chambers connect to the delivery
port. Consequently, lower pressure ripple and mass flow ripple at the outlet can be observed.
Nevertheless, there is the potential to enhance the design of the TMC pump to achieve a higher
compression ratio comparable to the other two pumps. This needs to be further investigated.

Figure 32. Outlet mass flow ripple CFD data for the TMC at p2 = 5 bar pressure load, 20 ◦C oil
temperature and 2000 rpm at different IGVF.

6. Conclusions

A numerical study to compare three different positive displacement pumps regarding
the application in future automatic transmission system was presented in this paper.

In a first simulation setup, the characteristics of the pumps operating with pure oil and
incorporating vapor cavitation were analyzed. Validating the numerical results regarding
the volumetric efficiency with experimentally obtained data from the test bench, both the
IGP and the BVP showed a reasonable match. A distinctively higher deviation between
numerical and experimental results could be observed for the TMC pump, as the CFD
results overpredicted the volumetric efficiency. As the TMC pump has additional and
more complex leakage paths compared to the IGP and the BVP, the obtained volumetric
efficiencies from the CFD simulations are very sensitive regarding the assumptions for the
different leakage gap dimensions. For further validation, the instantaneous displacement
chamber pressure profiles were experimentally recorded in the BVP and compared to
the numerical data. A generally reasonable fit of the pressure profiles could be achieved.
Besides the displacement chamber pressure, the outlet pressure ripple signals were com-
pared with experimentally recorded data frequency wise and showed a reasonable fit
for the IGP and the TMC pump. The deviation for the BVP was a bit higher. Here, the
omitted dynamic motion of the vanes in the CFD model could be an explanation for this
shortcoming. Generally, comparing outlet pressure ripples is challenging, as the test bench
measurement data include fluid–structure interactions and vibrations from the driving
engine, which are transmitted through the hydraulic circuit into the fluid.

In a second simulation setup, the operational characteristics of the pumps with an
IGVF of free air in the oil were investigated and compared. Validation was performed by
comparing the experimentally obtained displacement chamber pressure profiles for the BVP
with the numerically obtained ones. Although there are many assumptions in the numerical
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models for the dispersed oil–air multiphase flow such as the mean bubble diameter as
well as limitations in the experimental measurements, the data show a reasonable fit.
Besides the displacement chamber pressure profiles, the drop of required driving torque
and volumetric efficiency with increasing IGVF could also be predicted with a reasonable
fit to the experimental data.

With both applied CFD setups, it was possible to compare the three pumps regarding
the application in a future automatic transmission system for vehicles. For the operation
without free air, the IGP showed the latest cavitation onset due to high flow cross sections
and lower pressure losses in the suction port. Comparing the calculated volumetric
efficiency of the three investigated pump types, the CFD data showed no significant
difference at the most commonly used rotational speeds from 1000 to 3500 rpm. From the
experimental data, however, it could be clearly observed that the TMC pump has a lower
volumetric efficiency than both other pumps. Looking at the displacement chamber profiles
of the three pumps, it became clear that the pressure ripple is highest for the TMC pump.
This was also visible in the outlet pressure ripple signal in the delivery port, where the
TMC pump showed the highest amplitudes as well.

Regarding the operation with an IGVF of free air, all three pumps showed the same
phenomena in the displacement chamber pressure profiles when the IGVF was raised.
The degree of these effects, however, varied for the different pumps. The BVP and the TMC
showed a greater amplification of the pressure ripple on the delivery port plateau with
rising IGVF than the IGP. Furthermore, the TMC pump showed the highest intensification
of the pressure surge when the displacement chamber was connected to the delivery port.
This was also the case for the outlet mass flow ripple. The TMC pump showed much higher
amplitudes and at an IGVF > 10%, even intermittent backflow was observed. Both the IGP
and the BVP showed a superior characteristic with a much smaller intensification of the
mass flow ripple. The disadvantage of the TMC pump compared to the BVP and the IGP
appeared to be due to the difference in compression ratio. Whereas the BVP and the IGP
feature a compression ratio of 9.15 and 11.93, respectively, the TMC due to its design with
rotor channels has a much lower compression ratio of 3.67. This fact leads to an inferior
performance regarding mass flow and pressure ripple with an IGVF > 0.

Summarizing all numerical and experimental results, all three pumps showed a
potential for future applications in automatic transmission systems. However, the BVP and
the IGP showed the best performance both with and without free air in the transmission
oil. The volumetric efficiencies were for both pumps on a high level. The BVP, furthermore,
features a slightly more compact design, as it is a double stroke pump. The TMC pump
showed inferior volumetric efficiencies and the earliest cavitation onset of all three pumps.
Comparing the delivery port outlet pressure ripple, the TMC pump likewise showed an
inferior performance with higher amplitudes than both other pump types for the cases
with and without free air. This subsequently also leads to an inferior acoustic characteristic
of the pump. Due to the lower compression ratio of the TMC pump, a higher outlet
mass flow ripple could also be observed with free air. A further optimization of the TMC
pump is necessary to achieve a similar performance such as the other two pumps in the
investigated operating points. Adding grooves for pressure ripple reduction and increasing
the compression ratio by adjusting the rotor design could be two possible measures to
attain this goal. However, the promising potential of the TMC pump is the possibility to
mold its parts from polymer materials, which can lead to lower total manufacturing costs.
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Nomenclature

C Courant number (-)
Fvap Vaporization calibration constant (-)
Fcond Condensation calibration constant (-)
M Torque (Nm)
M0 Torque at IGVF=0 (Nm)
n Rotational speed (L/min)
p Pressure (Pa)
p2 Mean pressure at the delivery port (Pa)
Qleakage Leakage volumetric flow rate (L/min)
Qactual Actual volumetric flow rate (L/min)
Qtheo Theoretical volume flow rate (L/min)
r Radial coordinate (m)
Vdispl Theoretical displacement volume (L)
Vcore Volume enclosing main internal pump parts (L)
y+ Dimensionless wall distance (-)
x, y, z Cartesian coordinates (m)

Greek Letters

αair Inlet gas volume fraction of free air (-)
ηvol Volumetric efficiency (-)
θ Spherical coordinate (rad)
ϕ Spherical coordinate (rad)
ω Angular velocity (rad/s)

Abbreviations

0D Zero-dimensional
1D One-dimensional
2D Two-dimensional
3D Three-dimensional
AT Torque converter automatic transmission
BC Boundary condition
BVP Balanced vane pump
CFD Computational fluid dynamics
CVT Continuous variable transmission
DCT Dual clutch transmission
Exp Experiment
FFT Fast Fourier transform
ICE Internal combustion engine
IGP Internal gear pump
IGVF Inlet gas volume fraction
PDP Positive displacement pump
RANS Reynolds-averaged Navier–Stokes
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rev Revolution
RPM Rounds per minute (L/min)
SST Shear stress transport
TMC Tumbling multi-chamber pump
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