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Abstract: This study aims to provide an experimental investigation and comparison of the con-
densation heat transfer characteristics in a plate–fin heat exchanger (PFHE). The heat flux, mass
flux, and saturation pressure were adjusted as experimental parameters to verify the effects on
the condensation heat transfer. In addition, condensation heat transfer correlation of two-stream
PFHEs was provided based on the experimental data for utilization as a design reference for the
heat exchanger. The turbulence is the most influential in heat transfer. One of the ways to foster
turbulence is to increase shear stress. The higher flow velocity results in the higher shear stress. That
was why increasing mass flux or the flow with higher vapor quality showed the higher heat transfer
coefficient (HTC). Refrigerant properties such as viscosity and specific volume of vapor changed
according to the saturation pressure. It is expected they affect the degree of turbulence too in similar
manners. The mass flux was more influential than the heat flux and saturation pressure. Thus, the
equivalent mass flux of the refrigerant is dominant in the derived correlation model. The average
difference between experimental and calculated HTC from correlations was about 6.5%. Multi-stream
PFHE comprises an additional heat transfer surface, which implies a more active droplet formation.
The average pressure drop in the multi-stream is 15% larger than that of the two-stream.

Keywords: condensation heat transfer; heat transfer correlation; Wilson plot method; plate–fin heat
exchanger (PFHE); multi-stream PFHE

1. Introduction

The thermal performance enhancement of heat exchangers, which are essentially used
in almost all types of thermal processes, has been considered a key topic owing to an
interest in global energy efficiency enhancement. Therefore, the importance of two-phase
heat transfer, in which the heat transfer performance is superior compared to single-phase
heat transfer, has been emphasized [1–4]. Raju et al. [5] studied the evaporation heat
transfer of R-134a and the pressure drop at a plate–fin heat exchanger (PFHE) with wavy
fins. The results regarding the heat transfer showed that the heat transfer coefficient
(HTC) increased as the heat flux increased, but its effect on the pressure drop was not
notable. In addition, the condensation HTCs were significantly higher than the values
obtained from the generally suggested correlation of condensation heat transfer, indicating
that a proper correlation equation may be required. Sakamatapan et al. [6] reported the
condensation heat transfer characteristics of R-134a in multiport mini channels based on
thermal and geometric properties. From their research, it was found that the condensation
HTC tends to increase with increasing mass flux and heat flux. Conversely, a smaller
hydraulic diameter resulted in an increase in condensation HTC. Yan et al. [7] conducted
research on the characteristics of plate heat exchangers, and the results indicated that an
increase in the saturation pressure led to a decrease in the condensation HTC. However,
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similar to the study by Raju et al. [5], the effect on the pressure drop was relatively trivial.
They also suggested correlation equations based on the experimental data. The case of
the plate heat exchanger presented a higher HTC and pressure drop compared to the
value calculated from the correlation equation for the cylindrical heat exchanger under the
same conditions. Aliabadi et al. [8] analyzed the condensation heat transfer characteristics
according to geometry of fins by using a simulation program: plain, wavy, and serrated
fin. They revealed that the wavy fin presented the higher condensation HTC than the
serrated fin. Meanwhile, single phase heat transfer is usually described as a function of
Reynolds number, Prandtl number, and a correction factor which depends on the geometric
parameter of the heat exchanger [9,10]. Khan et al. [11] presented a generalized Nusselt
number correlation considering geometric characteristics of the twisted oval tube heat
exchanger. It considers pin pitches, tube rows, number of tubes, etc. Two-phase refrigerant
flows are often analyzed by homogeneous models which assumes that specific volume of
the vapor-liquid mixture in the refrigerant channel is mixed homogeneously [7,12].

Heat exchangers with a surface density of 700 m2/m3 are usually called compact heat
exchangers. Among them, PFHEs have the advantage of applying various fin geometries
and a relatively simple design of the multi-stream [13,14]. Relevant analysis on the geo-
metric characteristics of the fins or PFHE can be found in the research of Guo et al. [15].
Multi-stream structures result in more efficient utilization of the energy contained by fluids
compared to two-stream heat exchangers, which is favorable in terms of high-efficiency
heat transfer. Because of this, PFHEs are being utilized in various fields, such as Heat-
ing Ventilating and air conditioning (HVAC), aircraft, and cryogenic systems, in which
compact and high-efficiency heat transfer is required [16,17]. Previous research related to
multi-stream heat transfer is as follows. Prasad [18] conducted theoretical modeling of
heat transfer through both sides of fins, where different temperature levels are formed.
The research revealed that the heat transfer across the fins is affected by the temperature
difference between the two side plates, meaning that modified fin efficiency equations for
reflecting it should be applied to the model. The same author [19] also conducted research
on the rating of multi-stream PFHE reflecting the modified fin efficiency, as mentioned
above, and presented the comparison result between the case with ideal fin efficiency
and that with the modified fin efficiency. In the “flow area,” the ideal fin efficiency did
not differ significantly from the case reflecting the modified fin efficiency, provided the
temperature difference between both sides of the fin was not too large. However, notable
differences were found in the “dummy area” where the flow does not go through. Sunden
and Wang [20] focused on the fact that the Colburn j-factor and f-factor are dependent
on the Reynolds number to present the design method of the multi-stream PFHE when
convective HTC is known. It was also shown that multi-stream PFHE can be effectively de-
signed by applying pinch technology, which utilizes the minimum temperature difference
between fluids. Kay et al. analyzed the Colburn J-factors and f-factors of the single-phase
heat transfer at various geometries of heat exchanger fins, and they reported that heat
transfer and pressure drop characteristics change according to the shape of the fins and
hydraulic diameter [21].

From the previous studies above, it can be concluded that the heat transfer in the
two-phase zone tends to be affected by the mass flux, heat flux, saturation pressure, and
geometric characteristics of the heat exchangers. In addition, the research on heat transfer
in the case of PFHE is not sufficient compared to that of other types of heat exchangers. In
particular, there are few studies on the phase-changing heat transfer characteristics in multi-
stream PFHEs. The heat transfer characteristics in multi-stream PFHEs are completely
different from those of two-stream PFHEs because of the presence of surfaces with different
heat flux conditions.

Therefore, this research aims to provide an experimental investigation and comparison
of the condensation heat transfer characteristics in PFHE. The heat flux, mass flux, and
saturation pressure were adjusted as experimental parameters to verify the effects on
the condensation heat transfer and determine the most influential factor among them.
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Finally, condensation heat transfer correlation of two-stream was provided based on the
experimental data to be utilized as a design reference for the heat exchanger.

2. Experimental System
2.1. Plate–Fin Heat Exchanger (PFHE)

PFHE is a type of compact heat exchanger that comprises a stack of alternate flat plates
called parting sheets and corrugated fins brazed together as a block [22]. Because of its
geometric characteristics, it increases the heat transfer rate with less volume and weight
than other heat exchangers [23]. Figure 1 shows the actual features of the PFHE used in this
study. Figure 2 shows schematic drawing of PFHE fins, and the geometric dimensions are
listed in Table 1. Figure 3 presents a schematic diagram of its internal geometric structure.
The PFHE can be geometrically divided into ‘finned area’ and ‘distribution area’. Since
each channel (A~C) has one inlet port and one outlet port respectively, the water and
refrigerant flow are distributed into the layers through the distribution area. The effective
length and width represent the length and width of the ‘finned area’. The length and width
except for the effective one mean those of distribution area. The multi-stream structure
PFHE consists of staking fins, side bars, parting sheets, and covering plates. The PFHE in
this study comprises three types of channels, namely A, B, and C, with two layers assigned
to each channel. Thus, the heat exchanger has six layers with the order of C–A–B–A–B–C,
where the refrigerant flows through channel A and water flows through channels B and C.
Because layers of channel C are placed at both outer sides, the heat exchanger can be used
as a two-stream mode if no fluid flows through channel C.
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Table 1. Summary of geometric dimensions of the PFHE.

Parameters Mark Value

PFHE height (mm) H 66.18

PFHE length (mm) L 244

PFHE width (mm) W 124

Effective length (mm) Leff 80

Effective width (mm) Weff 40

Staking pattern n/a C–A–B–A–B–C

Fin type n/a Plain fin

Fin hydraulic diameter (mm) Dh 1.47

Fin height (mm) Hf 6.4

Fin thickness (mm) tf 0.5

Fin frequency (Fin Per Inch) n/a 19

Flow path width (mm) Wf 0.84

2.2. Experimental System Description

Figure 4 shows a schematic diagram of the experimental apparatus for analyzing the
condensation heat transfer characteristics of a multi-stream PFHE. As mentioned earlier,
the PFHE consists of three channels, namely A, B, and C, with two layers assigned to each
channel. The refrigerant flows through channel A and water flows through channels B and
C; therefore, the experimental system consists of one refrigerant loop and two water loops.
In the two-stream PFHE experiments, there is no water flow in channel C to provide an
insulated surface condition.

First, the refrigerant flow rate was controlled by an inverter-integrated magnetic gear
pump. An electric heater with a capacity of 7.5 kW was used to generate two-phase or
vapor state refrigerant at the refrigerant inlet, and its capacity was controlled using a
connected slide-AC to adjust the vapor quality of the refrigerant flow. The superheated
vapor or two-phase refrigerant flow was then condensed by exchanging heat with water
flow as it passed through the test section and then turned into a subcooled liquid in the
receiver tank, where the heat exchanger coil connected to the separate brine chiller was
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submerged in the refrigerant liquid. Pressure sensors and T-type thermocouples were
installed at the heater inlet and on both sides of the test section. The mass flow rate of
the refrigerant was measured using a mass flow meter installed after the magnetic gear
pump. In addition, the power meter connected to the heater enables the calculation of
the vapor quality of the refrigerant flow at the inlet of the test section. The pressure drop
across the heat exchanger was measured using a differential pressure sensor. In terms of
the water loop, cooling water circulates channels A and B by the water pump to remove
condensation heat, and the constant temperature baths keep the water temperature from
increasing. The water flow rate can be controlled by the inverter, which is connected
to the water circulation pumps, and the control valve installed at the outlet side of the
pump. The experiments were conducted with steady state. Revolution per minute (RPM)
of the gear pump, capacity of electric heater, and flow rate of the brine are controlled to
achieve experimental conditions. After finishing adjustments, the system was kept for
about 30 min until the working conditions become stable to achieve steady state condition.
Here, if the desired operation condition is not reached, the experimental variables stated
above should be adjusted again. The turbine water flow meter measures the water flow
rate, and T-type thermocouples measure the water temperature at each key point. Table 2
provides uncertainty in measure and calculated vales. The following Equation (1) for
the combined uncertainties of the measured parameters (ωx1 , ωx2 · · ·ωxn) was used to
calculate the uncertainty of the evaluated parameters (ωX).

ωX =

√(
∂X
∂x1

)2
ωx1

2 +

(
∂X
∂x2

)2
ωx2

2 + · · ·+
(

∂X
∂xn

)2
ωxn

2 (1)
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Table 2. Uncertainties in measured and calculated values.

Parameter Experiment Condition

Pressure (Model PSC, Sensys) ±0.25% F.S

Temperature (PT-100) ±0.25 °C

Water flow rate (Turbine flowmeter, Corea Flow) ±1.0% F.S

Heat flux (Electric heater) ±3.0% Reading

Heat transfer rate (Calculated) ±6%

Heat transfer coefficient (Calculated) ±10%
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3. Single-Phase Heat Transfer in Two-Stream PFHE
3.1. Analysis Methodology

In advance of experiments on condensation heat transfer characteristics, single-phase
heat transfer in a two-stream PFHE is analyzed to derive the single-phase HTC through
the Wilson plot method. There are two ways to estimate the condensation HTC from the
experiment: (1) based on the measured heat exchanger wall temperature and (2) based
on the experimentally obtained overall HTC (U). To implement the second method, the
single-phase convection HTC should be known, as shown in Equation (2). Here, Rov means
overall heat transfer resistance and Rc is heat transfer resistance of colder side.

Rov = Rh + Rcond + Rc (2)

The model for single-phase convection is expressed in Equation (3) and can be found
in the research of Fernandez-Seara et al. [24]. Here, Dh means hydraulic diameter, Pr is
Prandtl number, Re is Reynolds number, kc is thermal conductivity of colder side, and C1
and n are constants that should be fitted by the Wilson plot method.

hc =
kc

Dh
C1Rec

nPrc
1/3 (3)

The following procedures were used to linearize Equation (2) by applying the Wilson
plot method, which is one of the methods for estimating the HTC by utilizing the concept
of thermal resistance. Assuming that the HTC of the hotter side (hh) is constant, the sum of
the heat transfer resistance of the hotter side (Rh) and conduction (Rcond) can be substituted
with constant C2, which can be estimated by the Wilson plot method [24–26].

Rh + Rcond = C2 (4)

Equation (2) can be rearranged by considering Equations (3) and (4). Because lineariza-
tion is required, the terms in Equation (5) are simplified as shown in Equation (6).

Rov =
1
U

=
1

C1
× 1

kc

Dh
RecnPrc1/3

+ C2 (5)

y1 =
1

C1
× x1 + C2 (6)

Here,

y1 =
1
U

(7)

And,

x1 =
1

kc

Dh
RecnPrc1/3

(8)

It should be noted that the initial value of ‘n’ in Equation (3) should be assumed to
proceed with the procedures described above. That is, there should be another step to verify
whether the assumed ‘n’ value is acceptable. For this, the iteration calculation method was
applied to the following equations to conduct the regression analysis. Equation (5) can be
written differently as following to proceed iteration methodology.

(
1
U

− C2)× (
kc

Dh
Prc

1
3 ) =

1
C1Recn (9)

y2 =
1

C1Recn (10)
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ln(y2) = − ln(C1)− n × ln(Rec) (11)

Y2 = ln(y2) (12)

X2 = ln(Rec) (13)

Y2 = −n × X2 − ln(C1) (14)

Because the value of ‘C1’ in Equation (9) is obtained from Equation (6), it is possible to
compare the assumed initial ‘n’ value with the newly fitted value using Equation (14). If
these two values are not similar enough, the entire process is repeated from the beginning
by substituting the initial ‘n’ value with the newly fitted value. If the difference between
these two values is less than 0.01, it is assumed to be the proper value of ‘n’.

3.2. Heat Transfer Correlation (Single-Phase)

Figure 5 presents the Wilson plot charts for determining the single-phase HTC. Here,
the flow rate of R-134a remained constant, and that of water was varied to derive the
Nusselt number from the experimental results. Equation (15) represents the derived
equation for obtaining the Nusselt number of the water side.

Nu = 0.00137Rew
1.42Prw

1/3 (15)
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4. Condensation Heat Transfer in Two-Stream PFHE
4.1. Analysis Methodology

Experiments for estimating condensation heat transfer were conducted by adjusting
the mass flux, heat flux, and saturation pressure of the test section at various inlet and outlet
average vapor quality conditions. The experimental conditions for these parameters are
listed in Table 3. The mass flux was varied by adjusting the rotating speed of the magnetic
gear pump for the circulating refrigerant. Mass flux (G) is calculated based on cross sec-
tional area (Ac) and the mass flow rate (m), that is G = m/nAc. Here, n = Weff/(Wf + tf) × 2,
and Ac = (Hf − tf) × Wf. The detailed geometric information can be found in Table 1. The
heat flux was changed by controlling the temperature of the cooling water, which absorbed
the heat of condensation. The saturation pressure of the refrigerant loop was controlled by
adjusting the flow rate of the brine that circulated the brine chiller. Various average vapor
quality conditions were prepared by controlling the capacity of the electric heater installed
at the inlet of the test section.

Table 3. Summary of experimental conditions.

Parameter Experiment Condition

Quality
(average of inlet and outlet) 0.2~0.9

Mass flux 70~130 kg/m2s

Heat flux 12~20 kW/m2

Saturation pressure 1.08~1.27 MPa [abs]

4.2. Condensation Heat Transfer Characteristics
4.2.1. Effect of Mass Flux

The mass flow of the refrigerant was controlled at three different levels (70, 100 s, and
130 kg/m2s) to determine the effect on heat transfer and pressure under various average
vapor quality conditions. The mass flux of the refrigerant can be changed by adjusting
the RPM of the gear pump. Once the RPM is changed, not only the mass flux but also the
average vapor quality at the inlet and outlet of the test section are changed. The capacity
of the electric heater should also be controlled to provide various average vapor quality
conditions. The refrigerant pressure was affected once the electrical heater was adjusted,
which caused a change in the heat flux condition. Therefore, the cooling water temperature
and mass flow rate of the brine should be adjusted until the target conditions are reached.

Figure 6 depicts the effects of the refrigerant mass flux on the condensation HTC.
Two major tendencies can be found in the results: a higher mass flux results in a higher
condensation HTC and a higher vapor quality results in a higher condensation HTC. The
fundamental reasons for both are related to the Reynolds number and Nusselt number.
As the mass flux (

.
G) increases, the Reynolds number, which greatly affects the Nusselt

number, tends to increase. That is, the effect of turbulence tends to increase owing to the
increased inertial force at a higher mass flux. A higher vapor quality (x) refers to a higher
equivalent mass flux (

.
Geq), as shown in Equation (16) [27]. It is also notable that the effect

of the mass flux becomes more influential at higher vapor quality. The velocity of the vapor
and liquid phase becomes higher at the higher vapor quality. That means shear stress
at the interface of the vapor and liquid layer becomes higher, which results in the more
active turbulence. The more active turbulent can be connected to the higher heat transfer
performance. The same approach in analysis of effect of vapor quality and mass flux can
be found in Zhang et al. [28], Goss Jr and Passos [29].
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ρl and ρg are liquid and gas density, respectively. In Equation (17),
.

Reeq denotes the
equivalent Reynolds number and µl is the viscosity of liquid.

.
Geq =

.
G

[
(1 − x) + x

(
ρl
ρg

)0.5
]

(16)

.
Reeq =

.
GeqDh

µl
(17)

Moreover, the increase in the condensation HTC with increasing refrigerant mass flux from
70 to 100 kg/m2s was relatively smaller than that of the case from 100 to 130 kg/m2s. Therefore,
it can be presumed that the positive effect of increasing mass flux on condensation HTC is
limited, and the derived correlation may be effective within a certain range of the mass flux.

Figure 7 depicts the effects of the refrigerant mass flux on the pressure drop. The
pressure drop in the test section tended to increase as the vapor quality increased, and the
increment increased as the vapor became dominant. Jassim et al. [30] pointed out that the
degree of pressure drop of a two-phase fluid tends to increase with an increase in its kinetic
energy per unit volume. Increased vapor quality represents enhanced kinetic energy, which
results in a more active turbulent flow.
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4.2.2. Effect of Heat Flux

The heat flux was controlled at three different levels (12, 16, and 20 kW/m2) to analyze
the effect on heat transfer and pressure drop at various average vapor quality conditions.
The gear pump circulates the target mass flux, and the electric heater affects the vapor
quality at the inlet of the test section. The heat flux can be controlled by adjusting the water
temperature in the test section. As mentioned earlier, this causes a change in the refrigerant
pressure. Therefore, the mass flow rate of the brine should be altered to reach the target
experimental conditions. It should be noted that the change in pressure also affects the
mass flux, which implies that the RPM of the gear pump should be adjusted until it reaches
the desired experimental conditions.

Figure 8 depicts the change in the condensation HTC according to the adjustment
of the heat flux. It can be observed that the condensation HTC tends to increase with
increasing heat flux. The effect of heat flux on condensation HTC is rather minor than
that of mass flux, as discussed in Section 4.2.1. The average condensation HTC value
of the case with minimum heat flux (12 kW/m2) is merely 4.6% higher than that of the
case with maximum heat flux (20 kW/m2). The fact that the effect of heat flux on the
condensation HTC is not major can also be found in other literatures [31,32]. According to
Sakamatapan et al. [6], change in the momentum of the liquid and vapor phase can be one
reason for increasing HTC with respect to increased heat flux. Soliman et al. also pointed
out that the momentum contribution will result in increase of the heat transfer coefficient;
the momentum term is proportional to rate of change in vapor quality to the direction of
heat transfer (dx/dz). The higher heat flux result in the higher value of dx/dz, meaning an
increase in the momentum and the heat transfer coefficient [33].
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Figure 8. Condensation HTC according to heat flux at various vapor quality condition.

On the other hand, there is no clear finding regarding relation of heat flux with vapor
quality because the change in HTC according to heat flux is not major. Difference of HTC
of the case 16 and 20 kW/m2 in lower vapor quality area (0.2–0.5) was smaller than that in
higher vapor quality (0.5–0.9). On the other hand, the comparison between the case 12 and
16 kW/m2 presented the opposite tendency. The research of Sakamatapan et al. [6] also
presented a similar tendency.

Figure 9 shows the effect of heat flux on the pressure drop across the test section. This
tendency is the same as in the case of adjusting the mass flux. An increase of pressure drop
is observed with increasing vapor quality owing to the increased kinetic energy per unit
volume. Specifically, a higher vapor portion results in a higher pressure drop.
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4.2.3. Effect of Saturation Pressure

The saturation pressure was controlled at three different levels (1.08, 1.17, and 1.27 MPa)
to analyze the effect on heat transfer and pressure drop at various average vapor qual-
ity conditions.

The experimental methodologies were similar to those of previous cases. First, the
capacity of the electric heater was controlled to provide various vapor quality conditions.
As mentioned earlier, the refrigerant pressure was affected once the electrical heater was
adjusted. Therefore, the cooling water temperature and mass flow rate of the brine should
be adjusted until the target conditions are reached.

As presented in Figure 10, the average value of the condensation HTC is 10.7% higher
at a saturation pressure of 1.08 MPa than that at 1.27 MPa. Charnay et al. addressed
the effect of the thickness of the liquid layer on two-phase heat transfer, which implies
that a higher saturation pressure results in a thicker liquid layer [34]. In the same way,
the portion of vapor in two-phase flow during the condensation heat transfer tends to
decrease, which impedes turbulent flow. According to Rahman et al. [35], the density ratio
(ρl/ρv) becomes smaller as the saturation pressure increases, and the specific volume of
vapor decreases as the saturation pressure increases. This means the portion of liquid
increases, thereby the liquid layer gets thicker in the certain volume of heat transfer channel.
Reduced volume of vapor in the certain volume of heat transfer channel relatively impedes
the turbulence, which gives negative effect on the heat transfer. There are other reasons
explaining the relation between the HTC and the saturation pressure: shear stress and
thermal conductivity of liquid. The viscosity of liquid state R-134a decreases from 0.1648 to
0.1448 mPa·s as the saturation temperature increases from 40 to 50 ◦C. The shear stress is
proportional to the viscosity, and the higher shear stress is expected to results in the more
active turbulence. Lastly, the thermal conductivity of the liquid layer becomes larger as the
saturation temperature increases from 40 to 50 ◦C, which reduces thermal resistance. In
addition, the degree of effect of the saturation pressure is relatively similar regardless of the
vapor quality. In the low vapor quality area (0.2–0.5), the difference in condensation HTC
between 1.08 and 1.27 MPa is about 9%, whereas that of high vapor quality area (0.5–0.9) is
about 12.4%.

Figure 11 shows the pressure drop according to the saturation pressure. Owing to the
decreased degree of turbulence in two-phase flow, the high saturation pressure results in a
pressure drop.
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4.2.4. Heat Transfer Correlation (2-Stream Condensation)

The condensation heat transfer correlation for the two-stream PFHE was derived
based on the experimental data. As mentioned earlier, the concept of equivalent mass
flux and an equivalent Reynolds number [36] is adopted to reflect the effect of both the
liquid and vapor in the two-phase flow. Particularly, the two-phase flow is regarded as a
homogenous flow. Therefore, it is acceptable that the correlation model in Equation (3),
which is used to describe single-phase convection heat transfer, can be used in the case of
phase-changing condensation. Based on the experimental data, it can be noted that the
mass flux is the most influential parameter among the heat flux and saturation pressure.
Similar results have been reported in other studies [7,12]. Because the Reynolds number,
that is, the equivalent mass flux of the refrigerant, is dominant in the correlation model,
it may be possible to describe the condensation heat transfer characteristics successfully.
Equation (18) shows the correlation whose constants are fitted based on experimental data
at various conditions of mass flux, heat flux, and saturation pressure.
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Nu = 0.9726Reeq
0.5416Prw

1/3 (18)

To verify the applicability of the correlation, Figure 12 compares the condensation HTC
obtained experimentally and calculated from the fitted correlations. The difference between
calculated heat transfer coefficient from the derived correlation and the experimentally
obtained value presented the average error of approximately 6.5%. The maximum deviation
was about ±20%. Also Figure 12 compares the results of present research with other
literatures. Akers et al. [27] applied the same correlation model with the present study, and
also assumes the two-phase flow to be the homogeneous flow. Bohdal et al. [37] suggested
condensation correlation equation in the range of hydraulic diameter of 0.31~3.30 mm, and
the refrigerant and heat exchanger type were R134a and circular tube, respectively.
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5. Condensation Heat Transfer in Multi-Stream PFHE
5.1. Analysis Methodology

Unlike the heat transfer in two-stream PFHE, which is affected by single water flow
running through channel B, that of multi-stream PFHE is related to two kinds of water flow
running through the channels B and C, respectively. That is, the effect of both sides should
be considered when analyzing multi-stream heat transfer because the fins are in contact
with both sides. The half-fin idealization, which assumes that each half of the fin height
takes care of the heat transfer from each side, is adopted in this study to reflect the thermal
effect. This assumption is considered acceptable and shows only minor errors compared
to the calculation based on the modified fin efficiency suggested by Prasad [18], provided
that the temperature difference between both sides is not too large.

The following equations describe the analysis methodology of condensation heat transfer
in a multi-stream PFHE. Ap and Af refer to the area of the primary and fin, respectively.

QAB = 3 × UAB

(
Ap + ηAf

)
2

∆TLMTD,AB (19)

QBC = 3 × UBC

(
Ap + ηAf

)
2

∆TLMTD,BC (20)

QAC = 3 × UCA

(
Ap + ηAf

)
2

∆TLMTD,CA (21)
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Here, the overall HTCs on each side can be calculated using the sum of each thermal
resistance, as shown in Equations (22)–(24).

UAB = 1/(
1

hA
+

tcond
kcond

+
1

hB
) (22)

UBC = 1/(
1

hB
+

tcond
kcond

+
1

hC
) (23)

UAC = 1/(
1

hA
+

tcond
kcond

+
1

hC
) (24)

As mentioned earlier, streams B and C are water channels; thus, the heat transfer rates
at these channels are obtained according to Equations (25) and (26), respectively. Here,
subscripts of i and o mean inlet and outlet, respectively.

QB =
.

mBCp,B(TBo − TBi) = QAB − QBC (25)

QC =
.

mCCp,C(TCo − TCi) = QBC + QAC (26)

Further, Equation (26) is validated by energy conservation.

QA = QB + QC = QAB + QAC (27)

By putting Equations (25) and (26) into Equation (27), Equation (28) can be obtained.
It should be noted that all parameters in Equation (28) can be acquired experimentally,
except for ha, which indicates the condensation HTC in the multi-stream PFHE.

.
mBCp,B(TB,o − TB,i) +

.
mCCp,C(TC,o − TC,i) = Q1 + Q2 (28)

Here,

Q1 = 3 × (
1

hA
+

tcond
kcond

+
1

hB
)

(
Ap + ηAf

)
2

∆TLMTD,AB (29)

Q2 = (
1

hB
+

tcond
kcond

+
1

hC
)

(
Ap + ηAf

)
2

∆TLMTD,CA (30)

5.2. Comparison with Two-Stream Case

As shown in Figure 3, the difference between the multi-stream PFHE and the two-
stream PFHE is that the multi-stream PFHE has an additional heat transfer surface at the
top and bottom. These surfaces were insulated during the two-stream experiments. Top
layer C in which the cooling water flows is adjacent to refrigerant stream A. Conversely,
bottom layer C is in contact with water channel B. From the perspective of the refrigerant,
the multi-stream PFHE has one more heat transfer surface compared to the two-stream
PFHE. This can be a major reason for the differences in the heat transfer and pressure drop
characteristics between the two-stream and multi-stream PFHEs. The detailed description
is as follows.

Figure 13 shows a comparison of the pressure drop in the refrigerant flow (channel
A) between the two-stream and multi-stream PFHEs. The average pressure drop in the
multi-stream is 15% more than that of the two-stream. In particular, the difference in the
high vapor quality area (approximately 0.7) is approximately 25%. The formation of liquid
droplets disturbs the two-phase flow, which increases the pressure drop. Specifically, the
more active the formation of liquid droplets the higher the pressure drop. The multi-stream
PFHE has one more heat transfer surface at the top side, which can be connected to the
more active formation of droplets. Additionally, it should be noted that the thickness of
the liquid layer of the top channel (C–A) is expected to be thinner than that of the bottom
layer (A–B) owing to the effect of gravity. Therefore, it is effective to increase the heat
transfer between the surface and two-phase flow. Figure 14 presents a comparison of the
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condensation HTC in the refrigerant flow (channel A) between the two-stream and multi-
stream PFHEs. Owing to the effect of the additional heat transfer surface, the condensation
HTC in multi-steam can be increased.
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Here, for a fair comparison between the two-stream and multi-stream PFHEs, the
heat and mass flux conditions were kept the same in both cases. In terms of heat flux, the
multi-stream PFHE has two types of heat flux: one from channels A to B and the other from
channels A to C. When the surface area of one heat transfer surface is denoted by θ, the area
of heat transfer from channels A to B becomes 3θ, and that from channels A to C becomes
θ. For a fair comparison, the average heat flux through these four layers of the heat transfer
surface should be the same as the heat flux of the two-stream PFHE. Therefore, the heat
flux from A to B and that from A to C are adjusted to 16.9 and 27.6 kW/m2, respectively, to
yield the average value of 20 kW/m2.
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6. Conclusions

The purpose of this study is to experimentally estimate the heat transfer characteristics
of a PFHE. The PFHE, which has a distinct geometric shape, has the advantages of an
outstanding heat transfer rate with less volume and weight. In addition, it can have a
multi-stream structure, which results in more efficient utilization of the energy compared
to a two-stream heat exchanger. To estimate the most influential factor, several parameters,
such as the heat flux, mass flux, and saturation pressure are adjusted. The following are
the major findings regarding condensation heat transfer and pressure drop in the PFHE.

1. A higher mass flux results in a higher condensation HTC, and a higher vapor quality
results in a higher condensation HTC. The main reason for this comes from shear
stress. Both conditions commonly cause the higher velocity which results in the
higher shear stress at the interface of vapor and liquid.

2. The condensation HTC tends to increase with increasing heat flux owing to the
enhanced turbulence of the flow. The effect of heat flux on the condensation HTC was
rather minor compared to that of the mass flux.

3. The condensation HTC tends to decrease as the saturation pressure increases because
of three major reasons: the thickness of liquid layer, shear stress, and thermal con-
ductivity of liquid. The specific volume of gas and viscosity of liquid are changed
according to the saturation pressure. Therefore, thickness of liquid layer and shear
stress, which affect turbulence, are expected to be affected.

4. The mass flux is the most influential parameter among the heat flux and saturation
pressure. Thus, the equivalent mass flux of the refrigerant (or equivalent Reynolds
number) is dominant in the derived correlation model.

5. The pressure drop in the test section tended to increase as the vapor quality increased,
and the increment increased as the vapor became dominant.

6. The multi-stream PFHE comprises an additional heat transfer surface. Having one
more heat transfer surface for the multi-stream PFHE at the top side can be associated
with the active formation of droplets. Therefore, the condensation HTC in the multi-
steam PFHE can be increased. For the same reason, the average pressure drop in the
multi-stream is 15% more than that of the two-stream PFHE.
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Glossary

Nomenclature
A Area [m2]
C1 Wilson plot coefficient in Equation (4) [-]
C2 Wilson plot coefficient in Equation (5) [-]
Cp Specific heat capacity [J/kg·K]
Dh Hydraulic diameter [m]
.

G Mass flux [kg/m2·s]
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HTC Heat transfer coefficient [W/m2·K]
h Condensation or convection heat transfer coefficient [W/m2·K]
k Thermal conductivity [W/m·K]
.

m Mass flow rate [kg/s]
n Wilson plot coefficient in Equation (3) [-]
Nu Nusselt number [-]
Pr Prandtl number [-]
Q Heat transfer rate [W]
R Thermal resistance [K/W]
Re Reynolds number [-]
T Temperature [K]
t Thickness [m]
U Overall heat transfer coefficient [W/m2·K]
x Vapor quality [-]
µ Viscosity [Pa·s]
P Density [kg/m3]
H Fin efficiency [-]

Subscripts
AB Between A and B
BC Between B and C
AC Between A and C
c Cool side
cond Conduction
eq Equivalent
f Fins
h Hot side
i Inlet
l Liquid
LMTD Logarithmic Mean Temperature Difference
o Outlet
ov Overall
p Primary
t Tube
w Water side
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