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Abstract: The energy performance and radial force of a mixed flow pump with symmetrical and
unsymmetrical tip clearance are investigated in this paper. As the tip clearance increases, the pump
head and efficiency both decrease. The center of the radial force on the principal axis is located at the
coordinate origin when the tip clearance is symmetrical, and moves to the third quadrant when the
tip clearance is unsymmetrical. Analysis results show that the total radial force on the principal axis is
closely related to the fluctuation of mass flow rate in each single flow channel. Unsteady simulations
show that the dominant frequencies of radial force on the hub and blade correspond to the blade
number, vane number, or double blade number because of the rotor stator interaction. The radial
force on the blade pressure side decreases with the tip clearance increase because of leakage flow.
The unsymmetrical tip clearances in an impeller induce uneven leakage flow rate and then result
in unsymmetrical work ability of each blade and flow pattern in each channel. Thus, the energy
performance decreases and the total radial force increases for a mixed flow pump with unsymmetrical
tip clearance.

Keywords: mixed-flow pump; symmetrical and unsymmetrical; tip clearance; radial force

1. Introduction

Mixed-flow pumps are important devices with the advantage of a wide, high-efficiency operating
region; these pumps are widely used in hydraulic engineering, petrochemical engineering, power
supply, agricultural irrigation and other fields [1]. The impeller is the key component that performs
energy conversion and exerts a marked effect on pump performance [2,3]. Turbulent flow in an
impeller is highly complicated especially when there is blade tip clearance. The blade tip clearance
is the gap between the blade tip and impeller shroud and is indispensable because of the impeller
rotation. The extent of tip clearance is extremely small, usually 0.1–2 mm; however, this tip clearance
causes leakage flow and vortex motion, which directly affect the flow of nearly 50% of the area in the
impeller passage and thereby affect the efficiency and stability of the impeller.

Flow phenomena owing to blade tip clearance are extremely complicated and involve leakage
flow, vortex shedding and cavitation. Gearhart [4] investigated the effect of tip clearance configuration
on the flow pattern and cavitation performance of a turbomachine and found that a slightly divergent
gap configuration provided poor gap cavitation performance. Laborde et al. [5] proposed an optimum
clearance geometry by rounding the blade pressure side to eliminate clearance cavitation. You et al. [6]
used a large eddy simulation to study the vortex structures, dynamics and associated low-pressure
regions in tip clearance, and found that the end-wall groove can suppress tip leakage vortex.
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Wu et al. [7–10] performed a series of experiments by using particle image velocimetry measurements
to study the flow structures in the tip region of a water-jet pump rotor, including the tip clearance
flow, tip leakage vortex and cavitation flow; they found that the tip leakage vortex started to form
near the suction-side edge of a blade tip and appeared as a swirling jet, migrating to the middle of the
blade passage. The backward leakage flow penetrated into the passage and created a shear layer in the
interface with the main flow. Zhang et al. [11–13] numerically and experimentally investigated the tip
leakage cavitation pattern flow, including tip leakage vortex cavitation, tip corner vortex cavitation,
shear layer cavitation, and blowing cavitation in an axial flow pump. The results showed that the low
pressure in the corner vortex and the jet shear layer with high velocity were essential mechanisms for
tip clearance cavitation. Owing to the complex flow pattern in tip clearance and its effect on the main
flow in blade-to-blade passage, the characteristics of radial force are substantially influenced by tip
clearance. Therefore, the relationship between tip clearance and radial force should be investigated in
the present study.

Given the rotor stator interaction, the flow in the impeller is unsteady with secondary flow, jet
wake, back flow, impact flow, and so on [14–17]. The unsteady flow in the impeller consequently
induces uneven radial force. The radial force causes the vibration of the principal axis of the pump,
and significantly affects the operational stability of pumps. Numerous studies investigated the
characteristics of radial force theoretically, experimentally and numerically. Guo and Okamoto [18]
simultaneously measured the radial fluid force acting on impellers, pressure fluctuations in volute
and vibration of the shaft, and revealed their relationship under the rotor-stator interaction.
Rodriguez et al. [19] conducted theoretical analysis on frequency and amplitude of non-uniform fluid
radial force for centrifugal pumps, and analyzed the relationship between dominant frequency and
the number of blades and guide vanes, and the sequence of interaction. Suzuki et al. [20] examined the
characteristics of the rotor-dynamic fluid forces on the impeller, measured rotor-dynamic fluid forces in
cases with and without whirling motion, and found that the rotor-dynamic forces become destabilizing
in a wide range of positive whirls. Barrio et al. [21,22] studied the fluid-dynamic pulsations and the
corresponding dynamic forces generated in a centrifugal pump with different outlet diameters due to
blade volute interaction. They also estimated the dynamic radial forces and torque at the blade-passing
frequency as a function of flow rate and blade-tongue radial gap, and determined that the dynamic
load increased for off-design conditions. In rotating machinery, rotor-stator interaction is the main
cause of operating instability. Most previous studies focused on radial force and rotor-stator interaction
without considering of effect of tip clearance. Therefore, a comprehensive investigation of tip clearance,
radial force, and rotor-stator interaction in a mixed-flow pump is needed.

The tip clearances mentioned in previous studies are all symmetrical; however, owing to the
imperfect manufacturing accuracy and operating erosion, the tip clearances for different blades in
an impeller are unsymmetrical. For a mixed flow pump, a blade with 2 mm tip clearance and other
blades with 1 mm tip clearance are common when the pump runs for a certain time. Therefore, the
characteristics of radial force for a mixed-flow pump with unsymmetrical tip clearance are investigated
in the present study and compare with those without tip clearance and with symmetrical tip clearance.

2. Physical Model and Computational Domain

2.1. Parameters of the Mixed-Flow Pump

A single-stage mixed-flow pump with diffusers is investigated, and the design parameters are shown
in Table 1. Figure 1 shows the pictures of the pump and impeller during experimental measurement.
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Table 1. Energy performances of pumps with different tip clearances.

Parameter Symbol Unit Value

Rated Flow Rate Qd m3/s 0.54
Rated Head H m 17

Rotational Speed n rpm 1450
Number of Guide Vane Zg 6

Number of Impeller Blade Zi 5
Diameter of Impeller Inlet D1 mm 278

Diameter of Impeller Outlet D2 mm 420
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Figure 2 shows the schematic of tip clearance types; (a–d) respectively indicate the impeller with
0 mm, 1 mm, 2mm, and unsymmetrical tip clearance. The impeller with unsymmetrical tip clearance
includes 4 blades with 1mm tip clearance and 1 blade of 2 mm tip clearance.
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Figure 2. Schematic of tip clearance types: (a) 0 mm; (b) 1 mm; (c) 2 mm and (d) unsymmetrical tip.

2.2. Computational Domain of the Mixed-Flow Pump

Figure 3 shows the computational domain and impeller mesh. To obtain high accuracy and
capture unsymmetrical characteristics, the full computational domain is used, including inlet section,
impeller, guide vane and outlet section, as shown in Figure 3a, and the inlet and outlet sections are
lengthened to 5 times the pipe diameter in the present study. These sections are all meshed in structural
hexahedral meshes, and the meshes near blade and guide vane surfaces are divided by O-block and
then locally refined to get greater calculation accuracy. To study the radial force on the impeller, the
force in of x and y directions of hub and blades is monitored, and the x and y directions are shown in
Figure 3b.
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Figure 3. Computational domain of the mixed-flow pump: (a) Computational domain and
(b) Impeller mesh.

3. Numerical Method and Settings

3.1. Mathematical Model and Method

Numerical simulation of the mixed flow pump is conducted by solving the Reynolds-Averaged
Navier-Stokes equations with ANSYS CFX with the re-normalization group (RNG) k-ε model, which
can accurately predict the rotating and curvature flow by making corrections to the model coefficients
in the ε equation of standard k-ε turbulence model. The advantage of this method has been verified
by Barrio et al. [22] and Tan et al. [23,24]. The no-slip boundary conditions are set at the flow near
walls, and the pressure at the pump inlet and mass flow rate at the pump outlet are specified in
accordance with the experimental measurement. To reduce the influence of inflow and outflow on
the simulation, the inlet and outlet pipes are lengthened. The interfaces between the stationary and
rotational domains are set by using frozen-rotor and transient rotor stator methods for steady and
unsteady calculations, respectively.

In the steady calculation, the calculation is considered to be convergence when the
root-mean-square residual is below 10−5. In the transient simulation, the timescale is determined by
the rotation speed of the impeller, and three time steps; namely, 1.2931 × 10−4 s, 2.5862 × 10−4 s and
5.1724 × 10−4 s, are used to validate the independence of time step.

3.2. Mesh Independence Test

The meshes for the calculation domain are generated by ANSYS ICEM. In the simulation process,
the grid number influences the calculation accuracy and computational efficiency. To validate the mesh
element independence, 6 sets of meshes with elements from 3,732,680 to 5,558,720 are employed. In the
mesh independence test, only the mesh number of the impeller is changed, and the mesh number
of other parts are set as the fixed value according to experience. Figure 4 shows the influence of
mesh elements on the calculation results. Evidently, the global performance shows variation with
the increasing element number, but when the mesh number exceeds 4,500,000, the results show a
slight difference. Therefore, the mesh containing 4,763,520 elements is selected as the final mesh in the
following calculations.
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Figure 4. Mesh independence test.

3.3. Time Step Independence Test

The influence of time step ∆t on the evaluation of transient flow filed is also tested. Three different
time steps, namely, 1.2931 × 10−4 s, 2.5862 × 10−4 s and 5.1724 × 10−4 s, which respond to 1/320, 1/160,
and 1/80 of an impeller revolution T = 60/1450 = 0.414 s, are used in the calculation. Figure 5b shows
the time histories of y-force component on blade A3 suction side for time steps of 1.2931 × 10−4 s,
2.5862 × 10−4 s and 5.1724 × 10−4 s. The location of blade A3 suction side is shown in Figure 5a.
It can be observed that the fluctuation of force curves match perfectly at the y component force, which
indicates that the influence of three time steps is negligible. Therefore, a time step of 2.5862 × 10−4 s
was selected for transient calculation. Under this setting, the flow field is monitored 160 times in one
revolution of the impeller.
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4. Result and Discussion

4.1. Energy Performance

Experimental measurement of the tested pump was conducted at Beifang Investigation, Design
&Research Co., Ltd, Tianjin, China. The test loop mainly contained a water supply section, a pump
section and an exhaust section. The main hydraulic performances of head and efficiency at different
flow rates are tested in the test loop. After the experimental data were obtained, the numerical
simulation was performed according to the experimental testing conditions. Figure 6 shows the
pump performance comparison between experiment and calculation, and it can be conclude that the
simulation results are accurate with experimental data both in the variation trend and the specific
values at the tested points, especially around the design flow rate of 540 kg/s. This finding verifies
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the reliability of numerical simulation. The flow rate and head are normalized by specific flow rate
Φ = Q/nD3

2 and specific head Ψ = gH/u2
2, where u2 is the circumferential velocity of the impeller.
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Then, the energy performances of pumps with different tip clearance types are investigated.
Table 1 shows the pump head and efficiency with different tip clearance types, and the results illustrate
that the pump head and efficiency both decrease as the tip clearance increases. For an unsymmetrical
tip clearance of 1 mm × 4 + 2 mm × 1 at 5 blade end, the pump head and efficiency are between the
pump with tip clearance of 1 mm × 5 and the pump with tip clearance of 2 mm × 5.

4.2. Radial Force on Principal Axis for Different Tip Clearances

Figure 7 shows the radial force vector on principal axis for 0mm tip clearance, 1 mm tip clearance,
2 mm tip clearance, and unsymmetrical tip clearance of 1 mm × 4 + 2 mm × 1, in a period of impeller
revolution. The magnitude of the radial force on the principal axis is computed at each time step by
means of a full integration of the pressure and shear stress on surfaces of hub and blades. Then, the
polar coordinate system is used to show the radial force vector. The radial force F is normalized by the
radial force coefficient, CF = F/(0.5πD2b2ρu2

2), where ρ is the fluid density and b2 is the blade width
at the outlet.

Given that the time step is set to 1/160 period of impeller revolution in the transient calculation,
160 data points are in a period of impeller revolution as shown in Figure 7. Evidently, the radial
force vector trace with 160 data points is a closed circle composed of 6 individual ellipses for four tip
clearance types because in a period of impeller revolution, the phase difference of the radial force on
blades periodically changes 6 times. Owing to the rotor stator interaction, the radial force vector on
the principal axis completes a full trace with 6 individual ellipses. In symmetrical tip clearance, the
trajectory center is located at (−0.000356, −0.002221), instead of the coordinate system center (0, 0).
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Figure 7. Radial force vector on principal axis for different tip clearances: (a) 0 mm; (b) 1 mm; (c) 2 mm
and (d) 1 mm + 2 mm.

Above all, the phenomenon of 6 individual ellipses for radial force in a period of impeller
revolution is investigated. The radial force on the principal axis of a working pump mainly originates
from the working fluid, especially the uneven flow field in the impeller. Thus, to study the relationship
between flow characteristics and radial force on principal axis, the distribution of flow rate in
5 individual flow channels of the impeller is analyzed.

The volume center of each flow channel is calculated as follows:

x =

t

CV
xidV

t

CV
dV

, y =

t

CV
yidV

t

CV
dV

(1)

where xi and yi are the coordinates of each mesh, and CV is the control volume of the individual
flow channel between two adjacent blades. According to this formula, the x and y coordinates of the
volume center for each flow channel can be calculated. The volume in 5 individual flow channels of
the impeller is evenly distributed around the axis; therefore, the total vector of volume in the impeller
is 0. However, the mass flow rates are uneven in 5 individual flow channels, therefore, the total vector
of mass flow in an impeller does not equal 0 and varies with impeller rotation.

In general, the fluid water in the pump under normal working conditions is assumed to be
incompressible, and therefore, in each flow channel the vector of mass flow is calculated by multiplying
the vector of volume center and mass flow rate. Then, the total vector of the mass flow in an impeller
is obtained. According to the preceding analysis, the mass flow rates in 5 individual flow channels are
monitored by using a monitoring plane between two adjacent blades as shown in Figure 8.
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Figure 9 shows the time revolution of vector angles for principal axis force and total mass flow
rate. The results show that the two vector angles are nearly the same with 6 periods during a period of
impeller revolution. Therefore, the conclusion can be made that the total radial force on principal axis
is closely related to the fluctuation of mass flow rate in each single flow channel.
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Figure 10 shows the fluctuation of the radial force on the blade pressure and suction sides in a
period of impeller revolution. The results show that the radial force on the pressure sides of blade 1 to
5 is in a range of 1971 N to 1975 N, whereas radial force on the suction sides of blades 1–5 is in the
range of 544 N and 548 N. The difference in radial force on the pressure and suction sides is derived
from the uneven distribution of pressure in a flow channel and definitely influences the work ability of
the impeller. In a period of impeller revolution, all the radial forces on the pressure and suction sides
for blades 1 to 5 present 6 cycles, and correspond to the 6 individual ellipses of the radial force in a
period of impeller revolution.
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4.3. Spectral Analysis of Radial Force for Symmetrical and Unsymmetrical Tip Clearances

A Fast Fourier transform (FFT) is conducted to investigate the dominant frequency and
corresponding amplitude of radial force fluctuations. Figure 11 shows the frequency spectra of
the radial force on principal axis for different tip clearances. The impeller rotating frequency is
fi = n/60 = 1450/60 = 24.17 Hz, and the blade passing frequency is f BPF = n × z/60 = 1450 × 5/60 =
120.83 Hz, which is five 5 times that of fi. In Figure 11, the horizontal coordinate is set as a multiple of fi.

The results show that the dominant frequencies of the radial force on the hub for 0 mm, 1 mm,
2 mm and 1 mm + 2 mm are all 6fi, and the maximum amplitudes on the dominant frequencies are
1.0 N, 1.4 N, 1.7 N, 9.6 N respectively. The dominant frequencies of the radial force on the suction
side of blade for 0 mm, 1 mm, 2 mm and 1 mm + 2 mm are 10fi, 10fi, 5fi and 6fi respectively, and the
maximum amplitudes on the dominant frequencies are 0.6 N, 0.6 N, 0.6 N and 1.4 N respectively.

It can be concluded that the dominant frequencies of the radial force on the hub and blade
are 5fi, 6fi or 10fi, which correspond to the blade number, vane number or double blade number
originating from the rotor stator interaction. On the hub and the blade, the maximum amplitudes for
the unsymmetrical tip clearance of 1 mm + 2 mm exceed that for symmetrical tip clearances of 0 mm,
1 mm and 2 mm. Therefore, the unsymmetrical tip clearance strengthens the fluctuation of radial force
and influence the operational stability of the mixed-flow pump.
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4.4. Analysis of Symmetrical Tip Clearance

Figure 12 shows the time revolution of the radial force on the blade suction side of pumps with
0 mm, 1 mm and 2 mm tip clearances. The fluctuation pattern of the radial force shows 6 cycles in a period
of impeller revolution, which corresponds to the 6 guide vanes and flow rate variation in the impeller.
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With the tip clearance increase from 0 mm and 1 mm to 2mm, the radial force on the blade suction
side decreases. This phenomenon is related to leakage flow. Table 2 shows the leakage flow and radial
force for different tip clearances. The plane between the blade tip and shroud is used to monitor the
leakage flow rate. The last revolution with 160 time steps in the transient calculation is selected to
record 160 values of radial force and leakage flow rate, and then the time-average radial force and
leakage flow rate are calculated by 160 values. As the tip clearance increases from 0 mm, 1 mm to 2 mm,
the leakage flow increases from 0 kg/s, 2.04 kg/s to 4.42 kg/s, and then the radial force decreases from
2174.96 N to 1687.52 N on the blade pressure side, from 665.34 N to 400.31 N on blade suction side.

Table 2. Leakage flow and radial force for different tip clearances.

Tip Clearance
(mm)

Average Leakage Flow
Rate (kg/s)

Average Pressure Side
Radial Force (N)

Average Suction Side
Radial Force (N)

0 0 2174.96 665.34
1 2.04 1972.96 546.41
2 4.42 1687.52 400.31

Figure 13 shows the pressure distribution on the blade pressure side of the pumps with tip
clearance of 0 mm, 1 mm and 2 mm. The results show that the pressure gradually increases from blade
inlet to outlet for three cases because of the input power from the principal axis. With increasing tip
clearance from 0 mm to 2 mm, the maximum pressure and high pressure region on the blade pressure
side decrease, and the pressure gradient becomes more gradual. The pressure on the blade side is
closely related to the radial force; therefore, the radial force decreases accordingly as the tip clearance
increases, as shown in Table 2.
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As shown in Table 3, the pump head also decreases with the increasing of tip clearance.
The relationship between the head and radial force is nearly linear, which means that the head
decreases with decreasing radial force on the blade. The reason is that the lower radial force represents
weaker work capability and then results in lower head.

Table 3. Energy performances of pumps with different tip clearances.

Tip Clearance Type Head (m) Efficiency

0 mm × 5 16.92 0.8552
1 mm × 5 15.26 0.8148
2 mm × 5 12.82 0.7536

1 mm × 4 + 2 mm × 1 14.79 0.8027
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4.5. Analysis of Unsymmetrical Tip Clearance

As presented in Figure 7, a considerable difference in the radial force vector on the principal axis
is observed for symmetrical and unsymmetrical tip clearances. This phenomenon is related to the
uneven leakage flow rate for unsymmetrical tip clearances. Table 4 shows the leakage flow rate and
radial force for different blades, and the naming scheme of each blade is shown in Figure 2. The results
show that for blades A1 to A4 with 1 mm tip clearance, the leakage flow rates are nearly the same at
about 2.00 kg/s, and the radial forces on the pressure and suction sides are also equally about 1940 N
and 510 N. However, the leakage flow rate crossing the blade B increases to 4.59 kg/s because of the
larger tip clearance size. As the leakage flow rate increases, the mass flow at the pressure side of blade
B decreases and then the radial force on the pressure side decreases to 1873 N; meanwhile, the mass at
the suction side of blade B increases, and then the radial force on the pressure side increases to 560 N.

Table 4. Leakage flow rate for 5 unsymmetrical tip clearances in an impeller.

Tip Name
Tip

Clearance
(mm)

Time Average
Leakage Flow

Rate (kg/s)

Time Average
Radial Force on

Pressure Side (N)

Time Average
Radial Force on
Suction Side (N)

Blade-B 2 4.59 1873 560
Blade-A1 1 2.11 1926 518
Blade-A2 1 2.03 1948 511
Blade-A3 1 2.05 1942 518
Blade-A4 1 2.05 1932 500

Figure 14 shows the streamline near blade end for unsymmetrical tip clearance in an impeller.
The difference of the tip clearance size can be clearly observed in the shaft section, and the streamlines
around different tip clearances are also different. For blades A1 to A4 with a tip clearance of 1 mm,
the regions influenced by the leakage vortex near the blade end are virtually the same. As the tip
clearance of blade B increases to 2 mm, the influenced region by leakage vortex expands both at the
blade pressure and suction sides. The larger the vortex region appears, the more complicated the flow
pattern is. Therefore, the radial force on blade B is different from those of the other 4 blades because of
the unsymmetrical tip clearance.
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5. Conclusions

The energy performance and radial force characteristics of a mixed flow pump with symmetrical
and unsymmetrical tip clearances are investigated by selecting four types of tip clearance as follows:
0 mm × 5, 1 mm × 5, 2 mm × 5 and 1 mm × 4 + 2 mm × 1. According to the numerical simulation
and theoretical analysis, the following conclusions can be drawn:

(1) Tip clearance markedly influences pump head and efficiency. The energy performance of the
pump decreases as the tip clearance increases. In the comparison of symmetrical tip clearance,
the pump head and efficiency of the unsymmetrical tip clearance 1 mm × 4 + 2 mm × 1 is
between that of the symmetrical tip clearance 1 mm × 5 and tip clearance 2 mm × 5.

(2) In the comparison of the symmetrical tip clearance, the magnitude of the radial force on the
principal axis of the unsymmetrical tip clearance considerably increases, to approximately
15 times that of the symmetrical tip clearance, and the center of it moves from the coordinate
origin to the third quadrant.

(3) Spectrum analysis shows that the dominant frequencies of the radial force on the hub and the
blade are 5fi, 6fi, or 10fi. In the comparison of the symmetrical tip clearance, the maximum
amplitudes on the dominant frequency of the unsymmetrical tip clearance substantially increase
to approximately 7 times that of the symmetrical tip clearance.

(4) The leakage flow rates through blade tips vary in an impeller with unsymmetrical tip clearance,
thereby making the flow pattern in each single channel uneven, generating a strong radial force
on the principal axis, and thus affecting the operation stability of a mixed flow pump.
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